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Abstract 

 With the advent of modern engine control strategies, and particularly electronic common-rail 

injection, the scope and scale of what is achievable and controllable in compression-ignition engines has 

exploded quite rapidly in recent years. The potential marriage of electronically-controlled and multi-point 

fuel injection, dual fuel combustion, variable exhaust gas recirculation, exhaust waste heat recovery, low-

temperature combustion, and the immense variety of potential liquid and gaseous fuels available means 

that the older understanding of compression ignition engine combustion is incomplete and inadequate to 

explain, predict, control, and optimize more novel engine combustion and operational regimes. This 

mandates that new models, both diagnostic and theoretical, be developed to explore engine combustion 

and pick apart the various phenomena that result, and includes revisiting models that previously have 

been sidelined for a lack of usefulness. 

 To that end, this work details the construction, validation, and usage of a diagnostic heat release 

model focused on the application of the 2nd Law of Thermodynamics and the phenomena associated with 

entropy generation and availability destruction from the accumulated test data of numerous fuels and 

engine operational modes. A critical aspect of this research includes the marriage of this model with a 

suite of emissions analysis technologies, allowing for a complete characterization of engine-out regulated 

and unregulated emissions species, as well as a thoroughly instrumented and highly modified single-

cylinder compression-ignition engine. This combined test apparatus for novel fuels and engine 

operational modes, in combination with the models described herein, serve as a means to collect and 

dissect engine performance, in-cylinder pressure, engine knock and noise, emissions, heat release, and 

availability release and consumption, and the interrelationships between these characteristics 

 The experimental results of this work showcase both the direct usage of the 2nd Law Analysis 

(both alongside and separate from the more traditional 1st Law Heat Release Analysis), and also the 

potential usage of this model for the exploration of engine operational modes. In particular, the 2nd Law 

analysis appears to be of immense importance to the exploration of low temperature combustion regimes, 

as well as the usage of exhaust waste heat recovery systems. 
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Chapter I:  Engine Research at the University of Kansas 

Some material published as ñAvailability Analysis of Alternative Fuels for Compression Ignition Engine 

Combustion,ò Fourth International Congress of Automotive and Transport Engineering, Accepted June 

22nd, 2018 

1.1 Introduction  

The internal combustion engine has been an important and reliable means of power production 

for well over a century, particularly due to successive advances in increasing power and efficiency, as 

well as the gradual reduction of harmful emissions, within that same time period [1, 2]. However, these 

advances have been largely superficial to the underlying processes of engine operation, such that spark 

ignition (SI) and compression ignition (CI) engines have each remained largely unchanged since the birth 

of these technologies by the close of the 19th century [1]. 

In this time, the CI (or diesel) engine has been at the forefront of efficient power production, 

particularly in stationary or steady-state power generation, all while remaining true to Rudolf Dieselôs 

initial design of compressing a working fluid and adding fuel late in the engineôs compression stroke [1]. 

This injected fuel is then prepared through a combination of both physical and chemical processes over a 

short time period (known as ignition delay), before finally igniting due to the combined high pressure and 

temperature within the cylinder. Because the fuel is added relatively late in the engine cycle, particularly 

in comparison to SI engines, improper early ignition of the fuel is largely avoided. As a result, engines 

running through a CI process are able to increase their compression ratios to very high levels, and thus 

raise the peak cylinder pressure [1]. This higher variation in pressure between the in-cylinder environment 

and the ambient leads to a higher change in temperature of the working fluid within the cylinder itself, 

and thus increases the thermal efficiency of the engine. Therefore, the high compression ratios needed to 

promote autoignition of fuel contribute to the higher efficiency of CI engines. With that in mind, the 

primary challenge in engine operation is the timing of combustion, which is brought about through 

precise timing and duration of the fuel injection event itself [1]. 
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The fuel injection event, and the means by which this event is controlled, has been the central 

interest of CI engine research for the past century, since the introduction of the mechanical injection 

pump in 1921 that injected fuel into a prechamber at low pressures (relative to modern systems) [1]. As 

time has passed, advances in technology have increased the efficacy of fuel injection while steadily 

moving to higher pressures. This has reduced the time required to promote complete mixing of the fuel, 

allowing the injection event to move from a prechamber to directly injecting into the cylinder itself. In the 

past few decades, these advance often led (or were in response) to increasing emissions requirements by 

various government agencies worldwide, or by increased demand for higher engine efficiency in the face 

of more volatile petroleum prices [3]. 

Of particular note is the modern common rail electronic injection system. In this system, all fuel 

injectors on the engine draw from a single pressurized fuel distribution system (the ñcommon railò), rather 

than injection pumps responsible for individual injectors, often with pressures exceeding 100 MPa. In 

addition, instead of each individual injector system requiring a pulse to propagate through the fuel line in 

order to move the injector needle and initiate injection, each individual injector is now triggered directly 

by electric signals sent from an Engine Control Unit (ECU). As a result, the ECU can perform highly 

precise and on-the-fly adjustments to engine operation, ensuring high-efficiency operation at nearly any 

engine speed or load (and thus, any required power output). Because of this reliance on a functionally 

instantaneous electronic signal, rather than a much slower mechanical pulse, fuel injection can be 

triggered multiple times per engine cycle, resulting in engine manufacturers adding multiple early 

injection events (typically to smooth the ignition event, reducing engine noise) or late injection events 

(providing additional hydrocarbons to aid in catalytic aftertreatment), in addition to the main injection 

event itself [1, 4]. 

These more advanced injection technologies have also opened the door to repurposing a given CI 

engine to a different fuel with relative ease. As the ignition delay of a given fuel is dependent on its 

physical and chemical characteristics (most notably, viscosity and energy density), changing a fuel will 

result in changing the ignition delay the engine experiences, in turn changing how efficiently and cleanly 
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the engine operates if not recalibrated. As a result, while alternative drop-in fuels to standard ultra-low 

sulfur diesel (ULSD) functioned adequately in most CI engines utilizing older mechanical injection 

systems, these fuels would be doomed to operate in less-than-optimal conditions, as the process needed to 

change the mechanical injection timing often involved partially disassembling the engine in order to 

access the timing mechanisms. Modern electronic injection systems, however, allow for a researcher to 

more easily explore the performance limits of a given fuel, resulting in a level playing field when 

comparing ULSD to alternative fuels (most significantly, biodiesels) [5]. 

Finally, changing the nature of fuel injection control has also opened up CI engines to newer 

engine cycles or fueling mechanisms that would have been too difficult to control without dynamic and 

fluid control on the process of injection. One prominent example is dual-fuel combustion, where a 

gaseous fuel (such as methane or natural gas) is added to the intake of the CI engine, and a small pilot 

charge of liquid fuel is injected in order to ignite the entire mixture [6]. Utilizing dual-fuel combustion 

requires changes in the injection event in order to keep combustion behaving optimally, but this 

recalibration is conceptually identical to the process for recalibrating an engine for biodiesels [7]. 

Similarly, CI engines can be repurposed to attempt premixed-charge compression ignition (PCCI) 

combustion, where fuel is injected extremely early in the intake and/or compression strokes, and in low 

quantities, achieving optimal fuel atomization and vaporization, allowing for near-constant volume 

combustion, which can result in extremely high engine thermal efficiency (potentially exceeding 50%) [8]. 

While this mode of engine combustion is more temperamental and only functions properly (if at all) in a 

very small and temperature-dependant operational window, on paper it is still just a matter of proper 

engine calibration, and which is only possible thanks to the relatively immense levels of control allowed 

by modern electronic injection systems [9, 10]. 

The advent of precision control over injection timing and duration has also necessitated more 

advanced modeling of internal combustion engine processes. Thanks to the wide variety of fuels, engine 

operational modes, and operating conditions controllable by the ECU, it is now necessary to take a deeper 

look at the actual thermodynamic processes that the engines operate on, in order to see how changing 
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between these modes of combustion may change the nature of engine operation. This is possible either 

through complex 3-D modeling of combustion processes, or through simpler thermodynamic modeling 

fed by experimental results and test data, particularly through the measurement of the in-cylinder pressure 

[11, 12]. Of these two options, the first is more necessary for investigating specific processes within a 

given engine, while the second is much more useful in comparing and contrasting various operating 

modes (or, potentially, various engines) in a time-efficient manner [13]. 

1.2 The First and Second Laws of Thermodynamics 

In the study and modeling of internal combustion engines, few individual physical laws are as 

important as the 1st Law of Thermodynamics, or the concept that the total energy within a system must be 

conserved and accounted for [1, 14]. The result of this is that one may evaluate the various means by 

which energy is added to the cylinder environment in the form of fuel chemical potential energy, liberated 

and converted to thermal energy by combustion, and then either utilized as work, lost as heat transfer, or 

retained within the working fluid as hot gas and lost to the environment at the exhaust blowdown event at 

the close of the cycle. The interrelationships between work output, heat transfer losses, and thermal 

retention of the gas is a relatively well-understood set of phenomenon, often expressed more informally as 

the ñRule of Thirds,ò in that roughly one-third of chemical potential added to the cylinder will go towards 

each of these three main modes of energy transfer out of the cylinder, with lesser amounts of thermal 

energy lost through mass transfer into or out of the cylinder (notably, injection and cylinder blow-by). 

By comparison, the 2nd Law of Thermodynamics is not as heavily relied upon in engine modeling 

[12]. While numerous versions of the 2nd Law have been penned and used, inevitably depending on the 

precise context in which the 2nd Law is being utilized, perhaps the most simple and useful for engine 

operation modeling is the Entropy Statement of the 2nd Law, which states that it is impossible for an 

isolated system to operate in such a way that entropy is destroyed [14]. 

With respect to engines, the 2nd Law implies the inevitability of the generation of entropy 

throughout the engine cycle, and thus the inevitability that a significant portion of the energy liberated by 
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combustion will not be accessible for extraction as useful work. Within engine modeling, the processes by 

which an understanding of entropy generation can be utilized are closely related to the inefficiencies and 

processes by which the potential to use fuel thermal energy for work are diminished, particularly because 

the system is striving to come into thermal equilibrium with the surrounding heat reservoir (i.e. the 

ambient environment itself). This potential work is known classically as availability, and as exergy in 

more modern contexts [14, 15]. In this way, availability represents the total amount of thermal energy 

within the heated working fluid that is still potentially useful in whatever process is being studied. This 

availability is decreased over time, partly as it is converted to actual work or leaves the cylinder through 

heat and mass transfer. However, a portion of the availability is permitted to be destroyed. This destroyed 

availability (sometimes called anergy) increases with time, and is directly related to the generation of 

entropy by the 2nd Law [15]. Specifically, generated entropy is associated with a portion of the total 

energy in the cylinder, such that this energy is no longer available, and is thus referred to as destroyed 

availability. 

Following the 1st Law, the sum total of exergy and anergy must remain constant, as the total 

amount of availability added by combustion must be equal to the total amount of available exergy and 

unavailable anergy at any given moment after combustion has occurred. Due to the 2nd Law, though, it is 

ensured that unavailability may only increase, and the 1st Law thus ensures that this unavailability can 

only come at the expense of availability. 

The source of this availability addition is the chemical potential availability of the unburned fuel 

and oxidizer, given that the fuel exists in a relatively low-entropy state [15]. That fuel is injected and 

consumed by combustion, and thus has its chemical energy transformed into thermal energy, heating the 

cylinder, raising the pressure, and eventually (and ideally) exiting the cylinder as work by driving the 

piston downward. From a 2nd Law perspective, chemical potential availability is converted to thermal 

availability by combustion, with some of that availability being converted to useful work as it exits the 

cylinder through the ñintendedò manner. At the same time, much of that thermal availability degrades and 

becomes unavailable, even within the cylinder environment, and this internal unavailability grows as the 
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difference in energy content (or, functionally, the difference in temperature) between the cylinder interior 

and the surrounding environment decreases, and the two sides approach thermal equilibrium. 

Simultaneously, as this same temperature difference decreases, the amount of heat transfer through the 

cylinder walls to the environment decreases, and exergy destruction external to the control volume of the 

cylinder falls as well. Finally, whatever availability is not destroyed, extracted as work, or lost through 

heat transfer is inevitably retained by the working fluid, and is released to the atmosphere by the exhaust 

event at the end of the engine cycle. 

1.3 Diagnostic Rate of Heat Release Modeling 

 An important outlet for both the 1st and 2nd Law heat release analyses is in the diagnostic 

modeling of engine processes from experimental data, typically an in-cylinder pressure trace. 1st Law 

models are quite common, and have been a mainstay of internal combustion engine research for decades 

[1]. By summing the rate of change of the energy within the cylinder, and how this energy is entering or 

leaving the cylinder, these models calculate the total rate of heat release (RHR) as a function of the 

thermodynamic properties of the working fluids within the control volume, and the amount of energy 

present (available from the measured flowrate of fuel entering the cylinder). This overall RHR is typically 

characterized by two separate phases of combustion (see Figure 1) [13]. The first phase is a spike in the 

heat release rate immediately following ignition, as relatively high amounts of fuel are injected, vaporize, 

chemically prepare, and finally combust all at once. The magnitude of the spike is directly related to the 

amount of fuel that can be prepared for combustion prior to ignition, and is known as the premixed 

combustion phase [1]. Usually following this is a phase of heat release that is lower in magnitude, but 

longer in duration. In this second phase, late-injected fuel that was unable to prepare prior to the onset of 

combustion finally ignites in the high temperature environment after it fully atomizes, vaporizes, and 

diffuses throughout the cylinder. This phase is controlled by diffusion and other mixing effects, and is 

known as the diffusion-dominated or mixing-controlled phase [1]. 
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Figure 1. Examples of idealized and experimental engine-out RHR, displaying the premixed and 

diffusion-dominated combustion phases [1, 16]. 

From an efficiency-standpoint, the premixed phase is significantly more advantageous. The 

premixing of fuel leads to a high amount of heat release in a relatively short time frame, approaching the 

theoretical limit of constant volume heat addition. In addition, the timing of this heat addition is typically 

controlled (by adjusting the fuel injection timing) in order to allow for heat addition when the piston-

cylinder has a combination of high in-cylinder pressure (which decreases as the piston moves further from 

Top Dead Center - TDC) and reasonable mechanical advantage between the crank and rocker arm (that 

increases as the piston moves further from TDC). Thus, adding as much energy to the premixed spike as 

possible leads to the most efficient CI combustion process, particularly if this spike occurs at the point of 

optimum combined thermodynamic and mechanical advantage known as the maximum brake torque 

(MBT) timing [1, 16]. However, heat addition in this manner leads to higher in-cylinder pressures and 

temperatures, straining the cylinder structure and requiring sturdier (and heavier) materials. In addition, 

the high temperature environment caused by this premixed spike, combined with the fact that a CI engine 

will almost always operated with significant excess oxygen, will lead to the formation of pollutants in the 

form of oxides of nitrogen (collectively, NOx). Finally, CI engine knock (or ringing combustion) is 

generally tied to the amount of premixed combustion in the engine, and is characterized by high-

frequency oscillation within the pressure trace caused by detonations of small pockets of fuel and air. This 
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may damage the piston or cylinder and is often one of the more undesirable facets of CI combustion 

perceived by a consumer. 

By comparison, combustion in the diffusion-dominated phase is significantly less efficient. The 

prolonged heat addition in this phase does not serve to significantly raise cylinder pressures. In addition, 

this heat addition is late in the cycle, after the MBT point, and is often prolonged well into the expansion 

stroke of the engine [16]. As a result, while positive energy output from the engine is achieved, the net 

efficiency of the energy released in this phase is significantly lower than in the premixed phase. However, 

this carries some advantages. Given that this phase features lower pressures and temperatures, strain on 

the engine is significantly lessened, and these same lower temperatures also do not contribute to as much 

NOx formation as the premixed phase. The diffusion phase also does not greatly contribute to the amount 

of ringing combustion, and may also serve to stifle CI knock from the premixed phase as the pressure 

oscillations caused by detonation of some of the fuel are swallowed up in the pressure waves generated by 

the more chaotic combustion of the diffusion phase. 

Ultimately, diffusion dominated combustion is also largely unavoidable, particularly at high 

engine loads where the fuel injectors cannot physically deliver fuel fast enough for it all to prepare prior 

and combust in the premixed phase [1]. As a result, when increasing engine loads from idle, the in-

cylinder pressure trace and calculated RHR will tend to indicate that the engine will gradually increase the 

amount of premixed combustion only. At a certain load, the amount of fuel combusted in the premixed 

spike will plateau, and all fuel added beyond this point will be combusted in the diffusion phase. Finally, 

as load increases further, the rising in-cylinder temperatures will lower the fuel ignition delay period, 

meaning the amount of fuel that the engine is able to prepare for the premixed phase will begin to 

decrease, leading to a decrease in the magnitude of the premixed phase as the diffusion phase grows 

further. 

All of these individual aspects of engine combustion are visible through the 1st Law Model, and 

as a result it is possible to use the RHR to visualize and compare the thermodynamic performance 

differences across multiple operational modes, multiple fuels or fuel combinations, or even potentially 
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between engines. The 1st Law model shows what the engine was able to achieve during testing, and how 

much of the fuelôs raw energy content was left unutilized. However, this paints a rather bleak picture, 

particularly given that the Rule of Thirds dictates that only 30-40% of fuel energy is generally utilized for 

work. For a clearer picture, it is necessary to include a sense of context into how much of that fuel energy 

can be realistically used, and how much of that unused energy is actually not available to be extracted as 

work, as an inevitable consequence of the type of power cycle being utilized. Given that the availability 

or unavailability of energy is within the sphere of the 2nd Law of Thermodynamics and the process of 

entropy generation, it is clear that a 2nd Law Analysis is required in order to provide this context. 

With respect to engine diagnostics, the 2nd Law model is often passed over in favor of the 

simpler 1st Law RHR analysis. In compression ignition (CI) engines, this is at least partly due to the 

relative consistency of engine combustion, and the degree to which conventional diesel combustion is 

understood. However, different fuels will often result in changing engine performance, due to shifts in 

fuel properties [17, 18]. The most common example of this is in exchanging standard ultra-low sulfur 

diesel (ULSD) for biodiesel. The increased viscosity of biodiesel fuels generally inhibit fuel vaporization 

and atomization, while the higher cetane numbers and increased oxygen content result in a shortened 

ignition delay for biodiesel fuels [13, 19]. This, in turn, requires reoptimization of the engineôs injection 

strategy in order to maintain peak efficiency [16]. While this reoptimization was difficult to achieve with 

older mechanical injection systems, the advent of electronic injection systems has made switching fuels 

without sacrificing efficiency a much more feasible prospect, as the engine can easily and quickly 

reprogrammed by flashing a new set of operational specifications to the engine control unit (ECU) [20]. 

This also opens up exploration of fuels with more divergent properties than biodiesel; so long as 

the operating characteristics for a given fuel are known, the engine can be quickly reoptimized. Included 

in this are alternative renewable or recycled fuels. For instance, the pyrolysis of waste plastic products can 

be used to create a liquid hydrocarbon fuel similar to petroleum diesel, due to the plastics being sourced 

from petroleum products [21-24]. This emphasis on renewability of fuels is not reserved for synthetic 

diesel fuels. For example, while biodiesel itself cannot generally be used in aircraft turbine engines, the 
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feedstock oils that are used to create biodiesel can alternatively be run through a hydrotreating process to 

produce a renewable analogue to jet fuel [7, 25-29]. 

Finally, electronic injection has opened up enough control over CI engine combustion to allow 

for advanced usage of gaseous fuels [6, 18, 30]. Normally, methane-rich fuels (such as compressed 

natural gas, or CNG) cannot be utilized directly in a CI engine alone without preheating the engine intake 

or raising the compression ratio, and which also poses a significant hazard from preignition and misfire [6, 

31]. As an alternative, gaseous fuels can be used in a relatively unmodified CI engine through dual-fuel 

combustion, whereby fuel is added to the intake and ignited by a liquid fuel added through direct injection. 

While this generally comes at the cost of efficiency, the decreased cost of gaseous fuel means that the 

costs of fueling the engine are substantially reduced [6]. 

Dual-fuel combustion also presents the ability to reutilize waste products. For example, one 

byproduct of biodiesel manufacturing is glycerin, a hydrocarbon substance that (in its pure form) cannot 

be injected conventionally in an engine, due to its exceedingly high viscosity [32, 33]. Worse, the rise in 

biodiesel manufacturing has led to a glut of glycerin, and the need to store and dispose of this product is a 

significant impediment to the viability of biodiesel [33, 34]. However, glycerin may be partially oxidized 

in the presence of a catalyst to form a hydrogen-rich synthesis gas (syngas), which can then be utilized as 

fuel through dual-fuel combustion, turning a problematic waste product into a potential source of energy 

to feed the biodiesel production process [32]. 

However, all of these alternative fuels are subject to significant variation. Fuels derived from 

vegetable oils generally see high amounts of variation depending on the precise feedstock utilized [19, 25]. 

Similarly, waste plastic derived diesel is prone to variation based on the precise mixture of plastics used 

in the pyrolysis reaction, as well as the temperature and pressure of the reaction itself [21]. Syngas and 

biogas will be subject to both feedstock and production variances [32]. Even established products such as 

compressed natural gas will often vary between regions [6]. These inconsistencies in fuel constituencies 

and properties lead to difficulty in fuel studies, as engine researchers must utilize a model that is receptive 

to these changes. 
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To that end, this work explores the development and usage of a diagnostic 2nd Law model with 

respect to these various fueling modes. This demonstrates both the various effects of fuel properties on 

engine combustion, and showcases how the 2nd Law model is able to identify the phenomena associated 

with these properties. In particular, variations in fuel density, viscosity, cetane number, and energy 

content, and their effect on engine performance, are all observable through the lens of the 2nd Law model 

and in a way that goes beyond what is achievable with the 1st Law analysis alone. 

1.4 Single-Cylinder Engine Instrumentation and Prior Work  

Currently, research in CI engine combustion at the University of Kansas has been centered on the 

usage of a single-cylinder Yanmar L100V CI engine capable of 8.3 hp (6.2 kW) under continuous 

operation. This engine was formerly used in its originally packaged format, including an internal port for 

exhaust gas recirculation (EGR). Most importantly, this engine featured a cam-actuated mechanical fuel 

injection system, capable of injection at a constant (and uncontrolled) pressure of 19.8 MPa, and utilized a 

speed governor to maintain operation at 3600 revolutions per minute (RPM). This engine was eventually 

coupled with a Dyne Systems Alternating Current (AC) dynamometer, used to adjust the torque demand 

on the engine. This original setup was extremely restrictive in terms of how few facets of engine 

operation the researchers could actually alter, but was nonetheless instrumental in preliminary research 

into internal combustion engine operation at the University of Kansas. 

Previous work was done to increase the amount of control over the Yanmar engine. To that end, 

the engineôs speed governor and mechanical fuel injection system were removed entirely, in favor of a 

modern electronic high-pressure fuel system controlled by a Bosch MS15.1 ECU [35]. This allowed 

researchers to utilize the engine dynamometer to maintain engine speed, as opposed to torque, meaning 

independent adjustment of both the engineôs speed (by varying the dynamometer speed setting) and 

engine torque (by varying the fuel flow rate at each injection event) was now possible, opening up the full 

operational range of the engine for experimentation. In addition, further upgrades and changes to this 

system included a blocking of the build-in EGR port in favor of an external system capable of providing 
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cooled EGR, and the addition of a separate system to allow for adding gaseous fuels to the engine intake. 

The test cell also features a full suite of emissions equipment in the form of an AVL Fourier Transform 

Infrared (FTIR) spectroscopy system, allowing for the monitoring of the lionôs share of regulated 

emissions, as well as many unregulated emissions compounds, and an AVL Smoke Metering system for 

the capture and analysis of particulate matter (PM) emitted by the engine. 

Of note, the Yanmar L100v is able to achieve reasonable repeatability between tests with the 

control fuel of ultra low-sulfur diesel (see Figure 2), particularly since 2014 when the in-cylinder pressure 

trace resolution was improved from 0.5 degrees of crank angle to 0.2 degrees. However, the engine is still 

subject to some uncontrollable phenomena that can affect repeatability of experiments. First and foremost 

are the test cell ambient conditions, particularly pressure, temperature, and humidity. As the test cell does 

not have active climate control systems, the engine is subject to large variance in seasonal weather 

conditions (in specific, summers with warmer and more humid air, and winters with colder and drier air). 

In addition, testing is generally abandoned in the event of heavy rain at any point in the year, entirely due 

to a significant divergence from the normal conditions of that season due to climbing humidity and 

lowered barometric pressures. In addition, the system is subject to variation in performance due to 

injector wear and tear, sometimes necessitating a swap of injectors (typically triggered by the injection 

system pressure diverging significantly from the normal 45-48 MPa operational range). Despite this, the 

KU single-cylinder test cell is able to achieve reasonable repeatability, with variation on the order of 1 bar 

or less in the measured pressure trace during the compression, ignition, and at the approximate end of 

combustion. 
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Figure 2. Measured pressure traces with ULSD control at 18.0 N-m over various tests on the 

Yanmar L100v Single-Cylinder Engine. 

1.5 Motivation and Scope of Work 

The primary scope of this research effort is to create a 2nd Law RHR model to calculate the net 

rate of change in availability liberated from fuel by combustion, and to utilize that model to study the 

changes in availability generation and destruction under a variety of engine operation modes. The creation 

of the model serves to revive and utilize a relatively unused aspect of engine thermodynamic modeling in 

a modern engine control environment [36, 37]. While the 2nd Law analysis for engine combustion 

diagnostics has existed for quite some time, the advantages of such an analysis were relatively low for 

traditional CI engine combustion. The far older 1st Law analysis, combined with the relatively static 

nature of CI engine operation, the extreme limitations of engine control systems, and less strict emissions 

control legislation, all resulted in traditional CI engine combustion being treated somewhat as a ñsolved 

problem.ò 

 In a modern context, however, engine combustion is no longer a simple affair. Current emission 

standards have mandated more thorough control over engine control systems, and the widespread 

adoption of these more advanced systems (most prominently, electronically-controlled high pressure 
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injection systems) has resulted in more control being given to the engineer and the ECU to provide on-

the-fly adjustments to engine operation. Simultaneously, the rising interest in renewable/recycled fuels 

and dual-fuel operation, as well as the changes in combustion due to the different properties of these 

fuels, has further opened up the amount of variation a given ECU may encounter. Finally, CI engines 

have the potential to operate under more novel and unusual engine cycles, namely low temperature 

combustion (LTC) combustion regimes, and the relatively intense degrees of control needed to harness 

these novel cycles necessitates a thorough understanding of the underlying thermodynamics. As a result, 

avoiding usage of the 2nd Law model is no longer advisable, particularly when the ñone size fits allò 

approach to calibrating engine operation from a single fuel in a single set of operational modes is no 

longer a realistic representation of what the engine will experience. 

 To that end, this document covers the development and usage of a 2nd Law model used to provide 

diagnostic modeling of in-cylinder engine processes. First, a number of updates and changes to the 

previously-constructed 1st Law model to allow for more novel fueling modes are discussed (particularly, 

dual fuel combustion) [11]. This document also details the usage of a pair of ancillary models used 

together to evaluate the intensity of combustion ringing and noise from the pressure trace, which form a 

useful supplement to the 1st and 2nd Law analyses. Next, the 2nd Law model is developed explicitly, and its 

immediate effects and usages on various fueling modes is explored. Finally, an overview of the unique 

strengths of the 2nd Law model are given, along with an algorithm utilizing the usage of the 2nd Law 

model for the identification of potential low-temperature combustion (LTC) regimes. Of note, the figures 

displayed within this document are the results of thermodynamic modeling, and are not raw experimental 

data unless otherwise specified. 
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Chapter II : Updated First Law Heat Release Analysis 

Some material published as ñModified Heat Release Analysis for Diesel-Assisted CNG Combustion,ò 

SAE International, Technical Paper 2015-01-1744, April 14th, 2015 

Some material published as ñAn Analysis of Dual-Fuel Combustion of Diesel with Compressed Natural 

Gas in a Single-Cylinder Engine,ò SAE International, Technical Paper 2018-01-0248, April 10th, 2018 

2.1 Abstract 

The growth of hydraulic fracking has resulted in a dramatic cost reduction of Compressed Natural 

Gas (CNG), a low carbon fuel. CNG cannot be used as singular fuel in conventional Compression 

Ignition (CI) engines because of the difficulties associated with controlling its auto-ignition characteristics. 

However, CNG-assisted diesel combustion represents a means to shift the energy consumption of CI 

engines away from liquid fossil fuels. Calculation of the rate of heat release is vital for understanding and 

optimizing this mode of engine operation. A previously constructed three-zone equilibrium heat release 

model that is calibrated to engine exhaust hydrocarbon measurements was augmented in order to allow 

for the addition of CNG in the engine intake. The model was also adapted to permit reuse of unburned 

CNG gas with other exhaust species via exhaust gas recirculation. This is because experiments 

demonstrated a potentially dramatic increase in methane emissions under high CNG flow rates. 

Specifically, the CNG mixture is modeled as a single lumped chemical species, and is held apart from the 

intake air within the model. Representative results are given for a high compression ratio single-cylinder 

CI engine with variable amounts of CNG addition, and the effects of engine phenomena on heat release 

modeling are discussed. 

In addition, this work examines the differing engine emissions profiles with varying energy 

substitution ratios (ESRs), highlighting the potential for CNG usage to lower Particulate Matter (PM) 

emissions, while alternatively increasing or decreasing NOx production through changes to in-cylinder 

temperatures and heat release rates. Dual-fuel combustion is noted for significant decreases in combustion 

efficiency, and a rise in emissions of methane and non-methane hydrocarbons, showcasing an increasing 
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likelihood of flame quenching from cooler in-cylinder temperatures. This lowered combustion efficiency 

also affects brake-specific engine efficiency, requiring slightly more fuel energy to be expended as ESR 

increases in comparison to operation with neat ULSD. However, this may be offset from an operational 

perspective due to the lowered costs of CNG as a fuel. Finally, there may exist the potential to achieve 

high thermal efficiencies just below peak engine operation for relatively large substitution rates of CNG 

without potentially increasing NOx emissions over operation with neat ULSD. 

2.2 Introduction  

Vehicle energy consumption comprises a vital part of the economy of the United States (U.S.), 

particularly in over-the-road movement of heavy freight [38]. While petroleum-free alternatives have 

surfaced for other automotive power plants (e.g., vehicle electrification), this particular segment of the 

U.S. automotive fleet has proven more resistant to these potential solutions due to the need for an on-

board power plant that contains a combination of high energy density, long range, and a high power 

output. Hence, this fleet is largely reliant on the compression ignition (CI) engine [1, 39]. However, 

through the recent boom in hydraulic fracturing within the North American energy industry, a potential 

alternative fuel source has arisen for CI engines in the form of methane-rich compressed natural gas 

(CNG), which can achieve parity in operation with ultra-low sulfur diesel (ULSD) in many aspects, in 

addition to being relatively economical [40]. 

At the same time, CNG presents a significant hurdle to operation in CI engines [31, 41, 42]. 

Methane is particularly resistant to autoignition, requiring CI engines fueled solely on CNG to undergo 

extensive modifications in order to combust the fuel, including higher compression ratios or heating of the 

engine intake [31]. In addition, utilizing CNG alone in a CI engine can present a significant hazard due to 

misfire or preignition of the methane fuel. In place of this, a more straightforward means to utilize CNG 

in a CI engine is through dual-fuel combustion. In this scenario, CNG (or any gaseous fuel) is added to 

the intake of a largely unmodified CI engine, and is subsequently ignited by the injection of a small 

amount of diesel as a pilot fuel that additionally serves as a means to add fuel energy to the cylinder [6]. 
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Dual-fuel operation allows for a significant reduction in fuel costs, due to the plentiful nature of natural 

gas, and also provides for operation over a wide array of operating points that determine the relative ratio 

of diesel to CNG in the engine [6]. 

Fueling in a dual-fuel CI engine is commonly governed by the mass-based gas substitution rate. 

This ranges from lower amounts of CNG addition, where the diesel fuel shoulders most of the 

thermodynamic burden, to high substitution rates where CNG is supplying the lionôs share of the energy 

and ULSD is primarily used to initiate combustion [6, 43]. Operation at these various substitution rates 

carries numerous potential benefits and drawbacks, with lower substitution rates being useful for 

achieving dual-fuel combustion without a costly engine retuning; whereas, higher CNG usage may be 

preferred to lower fuel costs as much as possible by utilizing as little ULSD as required. However, the 

latter option may require significant engine functional modifications to meet operational and emissions 

standards [6]. 

Prior work in dual-fuel combustion has shown that CNG usage will generally decrease in-

cylinder temperatures and pressures [6, 9, 43-45]. In addition, utilization of CNG displaces air in the 

intake, leading to lowered volumetric efficiencies [6]. By achieving a relatively homogeneous fuel-air 

mixture, dual-fuel CNG combustion can be flame-front driven [46, 47]. However, given its relatively lean 

operation and cooler in-cylinder temperatures, CNG combustion has been shown to result in flame 

quenching, causing increased emission of partial combustion products while additionally lowering 

combustion and fuel conversion efficiencies [18, 30, 48]. Moreover, the combination of reduced 

temperatures and enhanced fuel-air mixing has been demonstrated to raise or lower the peak heat release 

rate, depending on the engine load and the amount of CNG utilized [6, 9, 49-52]. Furthermore, CNG 

combustion has been linked to alternatively lower or higher emissions of oxides of nitrogen (NOx), 

depending on the relative degrees of cool combustion (decreasing NOx) versus premixed combustion 

(increasing NOx) [6, 43, 48, 53, 54]. In addition, particulate matter (PM) emissions nearly universally 

trend downwards with CNG usage, due to the fact that dual-fuel operation deliberately lowers the amount 

of liquid fuel entering the cylinder [48, 53].  
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With respect to high substitution ratios, usage of CNG has generally demonstrated the same 

overall trends at lower substitution rates; namely, an increase in unburned products of combustion, 

worsening fuel consumption, and decreasing PM emissions [55]. However, high substitution rates of 

CNG can reduce NOx emissions in some situations [56-58]. This reaction occurs in spite of increasing 

exhaust gas temperatures that would normally be associated with higher amounts of NOx emissions [56]. 

In particular, advancing diesel fuel injection timings lead to a shorter ignition delay period, resulting in 

less fuel being able to prepare prior to the onset of combustion. This then lowers the initial premixed rate 

of heat release, in turn reducing local temperatures around the fuel spray subsequently inhibiting the 

formation of NOx emissions [30]. 

In order to understand the combustion processes of diesel-assisted CNG, the rate of heat release 

(RHR) from fuel combustion must be ascertained, either through predictive or diagnostic modeling [59]. 

In the case of diagnostic heat release (HR), equilibrium models are often used to calculate the total energy 

released by the combustion of fuel based on the measurement of in-cylinder characteristics (most notably 

pressure), with all modes of heat release serving to balance the 1st Law of Thermodynamics [11, 60]: 

1st Law Rate of Heat Release 
Ὠὗ

Ὠ—

ὨὟ

Ὠ—

Ὠὡ

Ὠ—

Ὠὗ

Ὠ—
Ὤ
Ὠά

Ὠ—
 (1) 

where the engine output heat release (Qhr) is given as a function of internal energy retained by the 

working fluid (Ucv), output work done by the engine (Wcv), heat transfer through the cylinder walls (Qht), 

and other means of mass transfer (dmcv/dq) into or out of the cylinder (e.g., crevice flow, fuel injection, 

etc.). This understanding of fuel heat release is vital, particularly when linked to changes in engine 

operation and exhaust emissions, and as a means for characterizing the behavior and efficacy of 

combustion when using alternative fuels or combustion modes (see Figure 3) [61, 62]. 
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Figure 3: Example of Rate of Heat Release and combustion phases found in a Compression Ignition 

engine, from Heywood [60]. 

The HR model on which this work is based contains filtering necessary for removing combustion 

noise, and also allows the rate of combustion (and, therefore, the RHR) to be indirectly controlled by the 

measured changes in the pressure trace. Hence, no changes are necessary to account for these particular 

phenomena [11]. However, these same effects can present a challenge to HR modeling, and so their 

presence (or absence) within the experimental results is discussed later in this work. To that end, this 

work provides an update to a previously constructed HR model in order to illustrate how to adapt heat 

release models for intake CNG in dual-fuel engine operation [11]. This model utilizes a 1st Law of 

Thermodynamics analysis, and separates the engine cylinder into three zones; an unburned zone for 

intake air and EGR, a fuel zone for unburned CNG and vaporized fuel, and a burned zone for the products 

of combustion. The model employs the measured in-cylinder pressure trace to form the basis of its 

analysis, and is calibrated to the amount of unburned fuel exiting the engine as determined during 

experimentation. 

Selected data is presented in this effort, along with a discussion of the efficacy of the model, 

dealing in the usage of CNG species of varying constituency (ranging from 87-96% methane content [6]). 

Of importance, this work includes testing at numerous CNG substitution rates, comprising low (0-18%), 

moderate (40-60%), and high (75-85%) ESRs, in order to achieve a comprehensive investigation on the 

various phenomena observed in each operational regime. Measured in-cylinder pressure, as well as the 
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calculated engine-out heat release rate, cylinder temperatures, brake performance parameters, and engine 

emissions are considered within this analysis [9, 13]. 

2.3 Model Updates 

The general architecture of the original HR model was preserved within the new CNG-HR model 

[11]. This, in turn, shifted the majority of the changes needed for the updated model to the calculation of 

the governing chemical combustion reaction, as well as the subroutines responsible for mass transfer 

between the zones during combustion. For brevity, this work only dictates the necessary changes for dual-

fuel operation, and does not detail the portions of the original model where changes are unneeded. 

2.3.1 Fuel Chemistry and Evaluation 

In the unmodified program, a lumped ñglobalò chemical model is used to evaluate the process as 

a single chemical reaction, which is then used to populate the cylinder contents at the crank angle when 

the intake valve has closed (IVC). The original global chemical formula is as follows [11]: 

Original Model Global 

Chemical Combustion 

Formula 

x#(/. /Ὣ‏ Ὣ.  

(2)  ‐Ὣ/ Ὣ#/ Ὣ(/ Ὣ.  ­ 

lὫ/ Ὣ#/ Ὣ(/ Ὣ. z#(/.  

where x and d are the average amount (in moles) of fuel and air (respectively) present in each engine 

cycle, and e is the percentage of the recycled gases from both residual and EGR species (respectively). 

Among the products, l represents the moles of species either remaining after or produced from 

combustion, and z is the moles of hydrocarbon species remaining after combustion, expressed as a 

function of the measured amount of fuel used: 

Moles of Hydrocarbon Species 

Surviving Combustion 
z ρ h  x (3) 

where h is the combustion efficiency of the combustion process, and which is measured experimentally. 

The coefficients g1 and g2 hold the percentages of molecular oxygen and nitrogen present in the intake air, 

while the coefficients g3, g4, g5, and g6 are molar amounts of each of the considered emissions species per 
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mole of emissions gases produced, and are used on both the left- and right-hand sides (for recycled and 

exhaust gases, respectively). Here, the liquid fuel is given on a carbon, hydrogen, oxygen, and nitrogen 

(CHON) basis, which w, x, y, and z representing the number of average number of each element within 

the liquid fuel molecules. 

Note that Equation 2 only considers oxygen and nitrogen as being present in the intake, and uses 

the products of complete combustion in place of partial combustion species (such as carbon monoxide) or 

other species typically seen in the exhaust (i.e., nitrogen oxides or NOx). Finally, the program treats 

emitted hydrocarbons as unburned fuel, rather than evaluating dissociated fuel atoms. 

In the updated model, a number of changes are made to the overall function of the global model. 

First, the species of the CNG are represented by a second CHON-style formula (a, b, c, and d), held 

separate from the liquid fuel while being evaluated in much the same manner. Because of the possibility 

of unburned methane surviving combustion and remaining within the cylinder (or being forcibly reused 

through EGR), the coefficient used to specify the number of moles of gaseous fuel at the beginning of the 

cycle is made up of two separate terms. One term is for the total amount of CNG added through the intake, 

and a second is for additional gas added through EGR. 

Updated Model Global 

Chemical Combustion 

Formula 

x #(/. x z‐ #(/.  

(4) 

/Ὣ‏ Ὣ. Ὣ!Ò 

 ‐Ὣ!ÒὫ/ Ὣ#/ Ὣ(/ Ὣ.  ­ 

lὫ!ÒὫ/ Ὣ#/ Ὣ(/ Ὣ.  

z #(/. z #(/.  

where the fuel used is separated chemically into two species; the liquid pilot fuel (subscript p) used to 

initiate combustion, and the gaseous CNG (subscript g) used to provide a portion of the required engine 

load. The hydrocarbon species surviving combustion are likewise represented by the coefficients z (for 

the pilot) and z (for the CNG), and are both calculated in the same manner as Equation 2. The molar 

amount of CNG entering the cycle is composed of two terms: a term to account for the flow of fresh CNG 

entering the engine (x), and a term to allow for the reuse of CNG through EGR (z‐). This second term 
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may be extended to reuse of vaporized fuel by EGR as well, but is assumed to be negligible and so is not 

included. Finally, an additional gaseous term is added in order to account for atmospheric argon (on the 

order of approximately 1% of intake air speciation) in order to increase the general accuracy of the 

underlying model. 

For simplicity, it is assumed that the unburned CNG is identical to CNG added to the intake, in 

the same manner as liquid diesel fuel, and does not suffer from dissociation or partial combustion during 

the previous combustion cycle. In addition, the CNG is given a single ñlumpedò chemical formula (again 

in the CHON format) for simplicity, and so the model calculates the average number of each atom present 

per fuel molecule within the greater mixture. 

In addition to the global combustion formula, a local formula exists to provide for the 

transformation of air and fuel to exhaust species through combustion. In the original model, this process 

was expressed as the following [11]: 

Original Model Local 

Chemical Combustion 

Formula 

#(/. ὰ/ ­ ὰ#/ ὰ(/ ὰ.  (5) 

where the coefficients l1 through l4 represent the moles of oxygen used, and moles of CO2, H2O, and N2 

produced (respectively), per mole of fuel burned. Using these coefficients, it is then possible to provide 

for mass transformation between zones as a function of the rate of fuel consumed at any given time. To 

expand this equation for the use of CNG, a second CHON term is added: 

Updated Model Local 

Chemical Combustion 

Formula 

ὲ #(/. ὲ #(/. ὰ/­  

(6) 
 ὰ#/ ὰ(/ ὰ.  

where np and ng are the molar percentages of the liquid pilot fuel and gaseous CNG (respectively) out of 

the total fuel used in the cycle, both measured through experimentation by the ratio flow rates of CNG 

and liquid fuel into the engine. 

 Of importance; the new model for dual-fuel combustion is used for all combustion models, even 

those that do not incorporate the usage of gaseous fuels. To reflect this, in the event that no gaseous fuel is 
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added to the cylinder, the gaseous fuel flow rate is simply set to zero within the model, and the global and 

local models are both simplified to their original form, albeit incorporating argon in the case of the global 

formula. While not tested, this same algorithm will work for gaseous-only fuel usage; simply setting the 

pilot fuel to zero will result in only gaseous fuel being used. However, for gaseous-fuel only usage it is 

suggested that the original modelôs ignition delay algorithms (which are calibrated for liquid fuels) not be 

utilized; instead, the model should rely on the 2nd derivative of the pressure trace to identify the start of 

combustion [1, 13]. 

The process of accounting for the effects of these differing species within the mixture is left to the 

portion of the model concerned with calculation of thermodynamic variables. The original program 

utilizes CHEMIKIN-III style coefficients for evaluation of the change in internal energy and enthalpy of 

the three zones, which are in turn used to iterate the model based on a 1st Law approach. This is done in 

addition to calculating other values, such as the adiabatic flame temperature. The equations that utilize the 

CHEMKIN-III coefficients are as follows [63]: 

CHEMKIN-III Equation for 

Constant Pressure Molar 

Specific Heating Value 

ὧ

Ὑ
ὥ ὥὝ ὥὝ ὥὝ ὥὝ  (7) 

CHEMKIN-III Equation for 

Molar Enthalpy 
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CHEMKIN-III Equation for 

Molar Entropy 
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where Ã, È, and ÓӶ are the molar constant pressure heating value, molar enthalpy, and molar entropy, 

2  is the universal gas constant, T is the temperature, and a1 through a7 are pre-determined coefficients 

unique to each gas. If all of the components of the CNG are assumed to be at the same temperature, the 

molar enthalpy, entropy, and heating values can be evaluated relatively easily. Using enthalpy as an 

example: 

Gas Mixture Molar Enthalpy 
Ὤ

ὝὙ

ρ

ὝὙ
ὦὬ (10) 
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where bi is the fraction of a given species of the entire mixture, and È is the molar enthalpy of that given 

species. As a result, each of the coefficients on the right-hand side of Equation 10 can be broken up 

according to composition in order to attain a correct fit for the gas mixture: 

Lumped Gas Coefficient ὥ ὦὥ (11) 

where ai is any of the coefficients used for a given gas, and aj is the resulting coefficient used for the 

CNG mixture. With these equations, the model can solve for the specific heating values of the CNG 

mixture, and by extension can evaluate the change in temperatures as a function of the change in 

speciation and pressure. 

2.3.2 Combustion Cycle Evaluation 

In the original HR model, the combustion cycle was solved through the evaluation of the 

components of the chosen equation of state. When assuming Ideal Gas behavior, the state equation is 

given as follows: 

Ideal Gas State Equation ὴὠ άὙὝ ὲὙ Ὕ (12) 

where p is the measured cylinder pressure, V is the volume, T is the temperature, and R and Runiv are the 

specific and universal gas constants for use on a mass (m) or molar (n) basis, respectively. At each step 

(corresponding to a fraction of crank angle degree), the components of the state equation are solved, both 

within the individual zones (where mass transfer is allowed to occur during combustion only), and on a 

cylinder-wide scale (where mass transfer is not permitted, except through injection of liquid fuel). 

The solution procedure for each step is the same. First, pressure is known through the measured 

pressure trace taken during experimentation. Next, mass flux and change in speciation by combustion are 

solved, yielding the mass, moles, and gas constants. Finally, temperature is solved iteratively through a 1st 

Law balance, and the volumes of the individual zones are solved directly through the state equation. This 

process continues throughout the entire close portion of the engine cycle (i.e., IVC to Exhaust Valve 

Opening), and at the close of the cycle, the modeled mass fraction burned is compared to the experimental 
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mass fraction burned obtained through emissions analysis. The entire engine cycle is then iterated to 

convergence of the modeled and experimental mass fraction burned values. 

Mass within each of the three zones was assumed to be constant, with two exceptions. The first 

was during the injection process, where fuel mass was simply added to the fuel zone at a rate defined by 

the following equation: 

Rate of Liquid Fuel Mass 

Addition by Injection 

Ὠά

Ὠ—
ὅὃὲὲ ςϽ”ϽЎὴ Ⱦ  (13) 

where An is the area of the nozzle holes, nh is the number of holes per injector, ninj is the number of 

injectors per cylinder, ʍ is the density of the injected fuel, Dp is the pressure differential across the 

injector, and Cd is a coefficient of discharge for the nozzle (nominally set to 0.39). Upon injection, fuel is 

assumed to be vaporized instantly in order to simplify the zonal analysis. 

The second exception to the constant mass assumption is during the combustion process. While 

mass on a cylinder-wide scale is held constant, the masses of each of the three zones experience 

entrainment as fuel and unburned air are brought together, combust, and are then moved to the burned 

zone. The rate of this mass flux is set by the coefficients of the local combustion formula (see Equation 6) 

and by the rate of fuel mass combusted as given by an Arrhenius-style formula [64, 65]: 

Rate of Combustion of Fuel 
Ὠά

Ὠ—
ὑϽ” ϽώϽώ Ͻὠ ϽὩ Ⱦ Ͻ  (14) 

where the rate of fuel mass burned (mfb) is expressed as a function of the mass fractions of fuel (Ù  and 

oxygen (Ù  present within the cylinder, the volume (Vcv), temperature (Tcv), and density (rcv) of the 

control volume, the Universal Gas Constant, and the bulk activation energy of fuel. In addition, the 

formula is calibrated during operation using the dimensionless value K. Of note, while the reaction rate 

equation can change for separate fuels, the overall reaction is both calibrated to engine emissions 

(discussed later), and is generally consistent between fuels even before recalibration is considered. 

In the previous model, the ignition delay (t) was calculated using a second Arrhenius expression 

[64, 66]: 
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Fuel Ignition Delay t ὃϽρπ
ὴ

ρπ
ϽὩ Ⱦ Ͻ  (15) 

where p is the pressure (in Pascals). This equation also utilizes a number of coefficients (A, na, and the 

activation energy Ea), which have been tabulated by other authors [65-71]. The model then may predict 

the onset of combustion by checking to establish that the following argument is true at a given timestep: 

Fuel Ignition Delay Check 
ρ

t
Ὠ— ρ (16) 

Functionally, the program uses this expression at each data point to find when the ignition delay is 

reduced to a time period less than the time between successive data points, at which point the program 

begins combustion at the next timestep within the provided experimental data. Alternatively, the model 

can also find the onset of combustion by finding the peak value of the second derivative of the pressure 

trace with respect to time [72]. In either case, once combustion is begun (based on the 2nd derivative of the 

pressure trace), the rate and duration of combustion is left entirely to Equation 14, and becomes largely a 

function of the amount of fuel and unburned oxygen left in the cylinder, as well as the change in pressure 

as given by the experimental pressure trace (expressed through the terms for temperature, density, and 

volume). 

The CNG-assisted diesel combustion mode of the model progresses in the same overall manner, 

with the following adjustments made to simulate the presence of the CNG. During normal operation, the 

fuel zone is held empty through the majority of the compression process (with the only addition being 

liquid fuel injected towards the end). Under the dual fuel operation, this zone is filled with CNG, which 

must then be compressed along with the other intake air gases. For the HR model, the CNG is added to 

the fuel zone, with the assumption that mass and constituency are held constant, and that proper mixing is 

achieved before the intake process, such that the temperatures of the CNG, intake air, and EGR are 

identical. At IVC, the temperature is given through measurement of the intake charge, and after IVC, the 

temperature is evaluated through the chosen equation of state. 
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At injection, the liquid fuel is added to the fuel zone. In addition to increasing the overall mass of 

the fuel zone, this causes a change in the constituency, requiring the model to re-evaluate the bulk 

molecular weight (Wf) and gas constant (Rf) of the mass contained within the fuel zone: 

Bulk Fuel Molecular Weight ρ
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Bulk Fuel Gas Constant ρ
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where W is the molecular weight, R is the speciesô gas constant, and mf is the total mass contained within 

the fuel zone at a given time. Note that the subscripts for the CNG and vaporized pilot fuel are g and p 

(respectively), and the portion of the equations concerned with the qualities of the pilot fuel include both 

the current mass of vaporized fuel and the change in mass due to injection. 

As the Arrhenius-based correlations used by the model for ignition delay are based on empirical 

relationships for diesel operation only, they are not suitable as-is for CNG-assisted combustion. As a 

result, the CNG-assisted model disregards the ignition delay correlations, in favor of using the pressure 

trace-indicated onset of combustion. 

After ignition, the mixture of CNG and fuel is burned at the rate set by Equations 13 and 14. 

Other than through additional fuel injection after ignition has already begun, the ratio of CNG to 

vaporized fuel is held constant, causing the molecular weight and specific heating value of the fuel zone 

to remain constant despite the overall loss in mass to the burned zone. As the combustion equation 

advances further and the total amount of fuel and oxygen is depleted, the equation slows dramatically. 

While further combustion reactions are not prohibited, the amount of mass flux and heat release by 

combustion in this late stage are functionally negligible (assuming no late-stage injection occurs). 

2.3.3 Fuel Injection Artifact  

 Initially, the core heat release model (see Equation 1) incorporated five separate terms of heat 

release-related phenomena, representing the rates of fuel energy released by combustion, transferred as 

work, lost by heat transfer, retained by the working fluids, or changed due to mass transfer across the 

boundary. During the otherwise-closed portion of the engine cycle, there is one major source of mass 
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transfer across the boundary; fuel injection. This effect manifests as a positive amount of heat release in 

the form of energy being added to the in-cylinder environment prior to combustion (see Figure 4). 

 

Figure 4: Example of Rate of Heat Release both with (left) and without (right) the injection artifact.  

 This artifact presents useful diagnostic information, particularly with respect to visually showing 

the onset and duration of the injection event. However, it comes with two net negatives. First, the artifact 

obscures the net decrease in in-cylinder energy content (when fuel mass is excluded) due to energy being 

transferred into the fuel in order to atomize and vaporize the fuel. Second, for very long injection events 

(more typical of low injection pressures, high engine loads, or high speeds) the injection event is lengthy 

enough to blend into the combustion event, obscuring the point of ignition normally visible within the rate 

of heat release. 

 As a result, it is useful to allow for the removal of the injection artifact from the rest of the heat 

release rate displayed by the heat release program. To facilitate this, the programôs primary UI contains an 

option (see Figure 5) to communicate to the program whether or not the injection event should be ignored 

in the calculated heat release rate. When toggled on, the injection artifact is calculated normally. When 

toggled off, the injection artifact is deliberately removed from the heat release rate; the temperature and 

thermodynamic properties of the injected fuel is still calculated, but the thermal energy associated with 

injection and vaporization is not included in the final heat release rate, resulting in the artifact being 

removed altogether. 
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Figure 5: Heat Release UI Fuel Settings, highlighting the Injection Artifact toggle, currently set in 

the óOnô position to allow for the artifact to remain in the Heat Release Rate. 

 Note that the heat release model defaults the Injection Artifacting control set in the óOnô position. 

This is more useful to calibrate and test the stability of the heat release model prior to utilizing it to collect 

data, particularly to ensure that the model is correctly allowing for liquid fuel injection. Only after initial 

testing has been done should the Injection Artifacting control be turned off and the heat release data post-

processed. The maximum net error associated with toggling the Injection Artifact óOffò is on the order of 

1% change in thermal efficiency, and only for minimal engine loads, and is decreased substantially for 

higher engine loads. 

2.4 First Law Analysis of Dual Fuel Operation 

Dual-fuel testing was performed using a Yanmar L100v single cylinder CI engine (see Table 1). 

For brevity, only information relevant to the dual-fuel experimentation is presented here, with a much 

more thorough documentation of the experimental setup available from previous work [73]. Most notably, 

the Yanmarôs stock mechanical fuel injection system has been replaced with a modern high-pressure 

electronically controlled direct-injection system, controlled via a Bosch MS15.1 Diesel Electronic Control 

Unit (ECU) and Bosch ModasSport [73]. This system allows for variable injection timings at a resolution 

of 0.02 degrees of crank angle, used here to standardize combustion timing against typical operation with 

ULSD. Of note, this fuel system is pressurized by an externally powered fuel pump (Bosch CP3.2), 
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isolating the system from the engineôs measured power output. Engine loading is monitored and 

controlled using an alternating current regenerative dynamometer by Dyne Systems, Inc. (with 

specifications shown in Table 2). Engine torque is measured with a FUTEK transducer (Model #TRS-

705) installed between the output and input shafts of the engine and dynamometer, respectively. Finally, it 

is important to note that the Yanmarôs stock exhaust gas recirculation system has been blocked in favor of 

a separate external system (not utilized here). 

Table 1. Yanmar L100V Engine Specifications. 

Displacement [cc] 435 

Valve Number/Type 1 Intake, 1 Exhaust 

Bore [mm] 86 

Stroke [mm] 75 

Connecting Rod Length [mm] 118 

Crank Radius [mm] 38 

Compression Ratio 21.2 

Injection Timing Variable 

Injection Pressure Variable, Maximum 200 MPa 

Continuous Rated Output [kw] 3.4 

Rated Speed [RPM] 3600 

ULSD Heating Value [kJ/g] 42.8 

ULSD Cetane Number 40 

IVC [  ̄ATDC] -122 

EVO [  ̄ATDC] 144 

 

Table 2. Dynamometer Specifications. 

Model Dymond Series 12 

Rated Torque [N-m] 28.6 

Rated Power [hp] 8.95 

Speed Range [RPM] 0-7500 

Voltage [V] 480 

Phase Three-Phase 

Frequency [Hz] 60 

Controller DyneSystems Inter-Loc V OCS 
 

The mass flow rate of the ULSD used is monitored by a Micro-Motion Coriolis flow meter 

(Model #CFM010M), and the mass flow rate of intake air (prior to the introduction of the gaseous fuel) 

are measured using a Merriam laminar flow element (Model #50MW20-2) and an Omega differential 

pressure transducer (Model #PX277-30D5V). The in-cylinder pressure trace is captured using a Kistler 
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pressure transducer (Model #6052C), alongside a Kistler encoder (Model #2614B) to link the pressure 

signals to corresponding crank angles [73]. The CNG used to achieve dual-fuel combustion is stored in 

gas cylinders and fed at 50 psig into a Brooks thermal mass flow controller (model #SLA5850), which 

both controls and monitors the flow rate of gaseous fuel. This fuel is fed into the engine intake through a 

mixing box, where the air-fuel mixture has sufficient time to become relatively homogeneous before 

entering the engine itself [6, 74]. Engine emissions are characterized using an AVL SESAM FTIR 

emission analyzer, including a Magnos 106 oxygen sensor. Soot emissions are monitored using a separate 

AVL Variable Sampling Smoke Meter (Model #415S), with soot measurements serving as a stand-in for 

PM. 

The characteristics of the four CNG mixtures chosen for testing are shown in Table 3 [6]. Each of 

the four mixtures is dominated by methane gas at 87% (M87), 91.67% (M91), 92% (M92), and 96% 

(M96) of the total composition. Each mixture was selected in order to ensure a common volumetric 

energy density of 37.3 MJ/m3, and the range of methane composition was chosen in order to represent the 

common composition of typical CNG [6, 43]. Engine operation is monitored and categorized by the 

relative flow rates of the CNG mixtures with ULSD, based on an energy-basis equivalent of the more 

common gas substation rate, called the energy substitution rate, or ESR [6]: 

Energy Substitution Ratio ὉὛὙ
ά ὗ

ά ὗ ά ὗ
 (19) 

where Í is the mass flow rate, and QLHV is the lower heating value. The nominal ESR values for testing 

were 0%, 7.5%, 18%, and 40%, with the actual ESR values varying slightly during experimentation. Both 

ESR and gas flowrate were monitored and controlled through LabVIEW [75, 76]. The nominal setpoints 

for each of the tests were 0% (ULSD only), 7%, 18%, 40%, 50%, 60%, 75%, and 85%, with some 

variation in the actual setpoints for each of the mixtures. Normalization of combustion timing when 

needed (typically at or above 40% ESR) was accomplished by changing the injection timing of the ULSD 

pilot, in order to align the fired pressure trace of any given test with CNG to that of operation with ULSD 
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only. The ULSD injection setpoints were found previously in order to maximize engine efficiency during 

standard operation [16]. 

Table 3: CNG mixture specifications employed in a dual fuel manner [75]. 

Constituent/Property ULSD M87 M91 M92 M96 

Methane - 87.00% 91.67% 92.00% 96.00% 

Ethane - 5.10% 4.08% 3.50% 1.80% 

Propane - 1.50% 0.71% 0.80% 0.20% 

Isobutane - 0.29% 0.01% 0.15% 0.30% 

Nitrogen - 5.60% 1.00% 2.85% 1.30% 

Carbon Dioxide - 0.51% 2.53% 0.70% 0.40% 

Density @ 20ę C [kg/m3]  837.58 0.755 0.725 0.723 0.698 

Lower Heating Value [MJ/kg] 45.60 49.50 51.48 51.62 53.50 

Constant Pressure Specific 

Heat [kJ/kg-K]  
- 37.07 36.75 36.62 36.29 

Ratio of Specific Heats - 1.297 1.295 1.297 1.298 

Cetane Number 40.0 - - - - 

Octane Number - 73.1 85.0 85.1 96.1 

Methane Number - 49.5 49.6 49.8 50.0 

Testing was accomplished at steady-state, defined when engine oil and exhaust temperatures 

changed by less than one percent over a 60 second period with a consistent room temperature of 

approximately 27 °C [6, 73]. In-cylinder pressure data are recorded over 60 consecutive thermodynamic 

cycles at a resolution of 0.2 degrees of crank angle. Engine performance data, particularly the flow rates 

of both gaseous and liquid fuels, are collected over a course of 120 seconds at a sampling rate of 20 Hz. 

Emissions readings were collected and catalogued at a rate of 1 Hz over 600 seconds, while multiple sets 

of soot emissions (at least two) were collected, with the sampling time adjusted as needed to ensure a 

smoke blackening number of approximately four, indicating a measurement in the ideal range of the 

smoke meterôs measuring capabilities [73]. Engine operation was maintained at 1800 RPM for all tests, 

chosen to ensure the presence of both premixed and diffusion-dominated combustion phases at varying 

engine loads, based on prior observation with ULSD [16, 35]. Testing occurred at increments of 4.5 N-m 

(or 25% of the rated load of the Yanmar L100v) to a maximum of 18.0 N-m, in addition to operation at 

0.5 N-m to provide an analogue for engine idling. For each set of tests, the engine was brought up to the 

desired load using ULSD only, at which point engine operation was catalogued. After this, dual-fuel 
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operation began by utilizing enough CNG to meet the desired ESR, and data were taken again. After 

achieving operation with all of the desired ESRs, the CNG flow rate was cut, the engine was loaded to the 

next desired output torque with ULSD only, and the process was repeated. After testing, the emissions, 

performance, and in-cylinder data were analyzed via MATLAB in order to calculate time-averaged test 

results and standard deviations. These values were then used to calibrate a single-zone heat release model 

to calculate the rate of heat release (RHR) and in-cylinder temperature, in addition to calculating ignition 

delays and equivalence ratios [13]. 

For brevity, the pressure traces, RHR figures, and temperature plots shown here are only taken 

from testing with the M92 CNG mixture as it is reasonably representative of the ñaverageò of the four 

mixtures. The remaining data from the other three mixtures can be found in Appendix A. Furthermore, 

previous analysis has shown a lack of differentiation between the four mixtures inasmuch as can be seen 

from the pressure, temperature, and RHR behavior of the engine [43]. 

Figure 6 (Appendix A1-A5) shows the pressure traces for various ESRs using the M92 mixture at 

0% (a), 25% (b), 50% (c), 75% (d), and 100% (e) of rated engine load, in addition to the maximum 

pressure rise rates (MPRR, f) for all fuels and ESRs. For lower engine loads, the addition of low to 

moderate amounts of CNG results in a relatively minor change in the in-cylinder pressure profile, with the 

most significant differences being in the lowering of pressure at top-dead center (TDC). This reduction in 

pressure is largely due to the effects of the changing constituency on the thermodynamic properties of the 

working fluid. Specifically, the increasing usage of CNG leads to a decrease in the ratio of specific heats 

away from air (1.4) and towards methane (see Table 3). However, at and above 40% ESR, the addition of 

CNG serves to also lower the peak combustion pressure, indicating the engine begins to struggle to 

combust high amounts of methane. This is also reflected in the MPRR for high ESRs and low loads. 
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Figure 6. Average of measured in-cylinder pressure traces for M92 gas mixture at varying ESRs at 

0% (a), 25% (b), 50% (c), 75% (d), and 100% (e) of rated engine load, as well as the MPRR for all 

fuels, ESRs, and loads (f). 

At higher engine loads, the addition of low to moderate amounts of CNG again demonstrates a 

relatively small change in overall operation. However, as the ESR grows past 18%, the magnitude of peak 

pressure begins to climb significantly, and the timing of this peak pressure begins to approach TDC, with 

the more rapid pressure rise (see Figure 6c) revealing greater degrees of premixed combustion. This 

shifting in the pressure trace continues until 50% ESR, past which point the magnitude of peak cylinder 

pressure ceases to rise any further. Moreover, the timing of peak pressure begins to delay itself closer to 

the original timing found with ULSD, indicating a return to a combination of premixed and diffusion 

flame combustion, more similar to regular operation with ULSD, except at a relatively enhanced pressure. 

This slight growth in diffusion-based combustion for high ESRs is unexpected, given the relatively low 

amount of injected ULSD fuel that must be prepared prior to combustion (which is the usual source of 

diffusion-dominated combustion). This indicates a difficulty of the engine to combust high fractions of 

CNG across multiple engine loading conditions, and is further evidenced by the fact that, for maximum 

ESR, engine MPRR falls at 18.0 N-m, after previously rising steadily with increasing usage of CNG. 
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To understand this impediment in the engineôs ability to combust high-ESR mixtures, the 

equivalence ratios for all fuels and engine loads are shown in Figure 7, showcasing the universal rise in 

equivalence ratio with added CNG usage. Across all loads, this growth in equivalence ratio is expected 

and is primarily linked to the CNG displacing air in the intake charge. However, for engine loads below 

9.0 N-m, the equivalence ratio for operation with 75-85% ESRs often exceeds, or at least is roughly 

equivalent to, the equivalence ratio of the engine operating on ULSD at the next highest engine load 

tested. Furthermore, the change in engine equivalence ratio from 0% to 85% ESR is relatively large for 

lower engine loads, and this growth in equivalence ratio falls with added load. 
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Figure 7. Engine equivalence ratios for all loads, ESRs, and CNG mixtures tested [6]. 

Above 9.0 N-m, the rise in equivalence ratio is substantially more subdued, although it still 

increases. This behavior suggests that the engine is having more difficulty in completely combusting the 

fuel mixtures as the engine leans more heavily on CNG in place of ULSD. In turn, this means that more 

CNG and ULSD must be added in order to make up for this inefficiency; hence, this raises the 

equivalence ratio even higher and further promotes inefficient combustion. However, there is still 

sufficient oxygen available within the cylinder at all loads. Therefore, the degradation in combustion seen 

at lower engine loads and high ESRs (Figure 1(a)) is not due to a lack of oxidant. Altogether, this signals 

that as ESR rises, the conditions in the cylinder make it more difficult for the ULSD pilot to ignite 
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completely the CNG-air mixture. Furthermore, this may illustrate that the mixture struggles to remain 

ignited and may quench away from the ULSD pilot. In addition, while this phenomenon becomes more 

subdued at greater engine loads, where enhanced temperatures counter the possibility of flame quenching, 

it remains problematic as indicated by the delaying of peak pressure timing. 

The various timings for start of injection (SOI), as well as the calculated ignition delays 

(calculated with using the 2nd derivative of the pressure trace), are shown in Figure 8 [1]. Ignition delay 

generally shortens with rising engine load, due to a growth of in-cylinder temperatures. Usage of CNG 

has been shown to generally lengthen ignition delay, related to the high octane number of the various 

mixtures and the resistance of CNG to autoignition [6, 56]. As a result, raising the ESR serves to lengthen 

the ignition delay of the injected fuel, subsequently requiring the injection timing of the fuel pilot to be 

advanced for higher ESRs in order to ensure combustion occurs at the optimum time. Of note, CNG 

substitution at or below 18% ESR leads to essentially no change in ignition delay (and no need to change 

injection timing), and even moderate substitution up to 50-60% ESR leads to relatively small changes in 

ignition delay. However, for CNG substitution above 60% ESR, the injection timing necessary for 

optimum operation diverges significantly from that of standard operation with ULSD; hence, operation 

with higher ESRs necessitates retuning of the engine, and a gradual shift in SOI towards earlier injection. 
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Figure 8. Engine measured injection timing (a) and ignition delay (b) (in crank angle degrees) for 

all loads, ESRs, and CNG mixtures tested. 
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The RHR for various ESRs are given in Figure 9 (Appendix A6-A10) for operation at 0% (a), 

25% (b), 50% (c), 75% (d), and 100% (e) of rated load, along with the timings of CA50 for all fuels, ESRs, 

and loads (c). For lower engine loads, the same trends seen in the pressure trace are broadly repeated here. 

In specific, CNG usage brings about a consistent growth of premixed combustion up to 50% ESR, with 

peak RHR found for mixtures of around 40% ESR. Prior research has found that this engine achieves 

largely premixed combustion with ULSD up through 9.0 N-m. As a result, the small rise in the premixed 

spike relative to ULSD is not surprising. In particular, the engine is already operating in a relatively 

thermally efficient manner and the addition of CNG does not significantly affect this outcome. 
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Figure 9. Calculated RHR for M92 gas mixture at varying ESRs at 0% (a), 25% (b), 50% (c), 75% 

(d), and 100% (e) of rated engine load, as well as the CA50 timing for all fuels, ESRs, and loads (f). 

However, beyond this intermediate ESR range the peak RHR falls dramatically. This again 

highlights the added difficulties in combusting relatively large amounts of CNG, such that at 9.0 N-m the 

peak RHR for operation at 85% ESR is around half of that for operation in between 18 and 50% ESR. In 

addition, as ESR increases, the RHR profiles seem to indicate a rise in later-stage heat release (particularly 

beyond 7.5ę after TDC), normally indicative of diffusion dominated combustion. This diffusion burn 

comes in spite of the fact that most of the fuel has no need to atomize or vaporize; i.e., 75% or more of the 

fuel energy is entering the engine in a gaseous state. Furthermore, increasing ESR leads to lowered ULSD 

usage, meaning higher ESRs will have more optimal atomization of the injected liquid fuel. Here, it is 

possible that flame quenching inhibits complete combustion of the fuel-air charge. Moreover, this may 

indicate that a significant amount of the CNG remaining (particularly methane) cannot survive the high-

temperature environment and at least partially combusts, even after the combustion event has largely 

ceased. 

At higher loads, added CNG usage results in combustion behavior being generally closer to what 

is expected from a gaseous fuel. As ESR rises, peak RHR also increases, and diffusion-dominated 

combustion is mitigated because more fuel prepares and burns in the premixed phase. However, for high 
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ESRs the RHR begins to experience more post-premixed combustion above that of ULSD, before falling 

below the diffusion combustion phase of ULSD (beyond 10ę after TDC) while subsequently becoming 

more similar to the other ESRs. Finally, at 85% ESR the engine struggles to operate and the peak RHR 

recedes to a level more comparable to (but still greater than) operation with ULSD. In addition, operation 

at 85% ESR experiences the highest amount of initial diffusion burn, although this is largely mitigated 

beyond 10ę after TDC. 

Next, the cylinder-averaged temperature profiles for the M92 mixture are presented in Figure 10 

(Appendix A11-A15), again at 0% (a), 25% (b), 50% (c), 75% (d), and 100% (e) of rated load. Similar to 

previous results, low-to-moderate usage of CNG encounters a temperature profile that is not too 

dissimilar from combustion with ULSD. In particular, at low and middling engine loads both peak 

cylinder and later expansion temperatures follow the same path as operation with ULSD, respectively. 

However, for high CNG substitution and moderate engine loads, peak cylinder temperatures are generally 

lower while being delayed further from TDC. This again highlights the difficulties in combusting 

relatively large amounts of CNG, and implies that a significant amount of flame quenching may be taking 

place. In addition, temperatures during expansion generally rise with added CNG usage, in keeping with 

the growth in combustion levels seen after the premixed spike at these loads. 
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Figure 10. Calculated temperature profile for M92 gas mixture at varying ESRs at 0% (a), 25% (b), 

50% (c), 75% (d), and 100% (e) of rated engine load. 

For 13.5 to 18.0 N-m, operation with moderate amounts of CNG generally leads to similar 

(although possibly slightly cooler) combustion to ULSD only, both in terms of peak and expansion 

temperatures. However, as more CNG is used, peak cylinder temperatures not only rise to meet operation 

with ULSD, but also significantly exceed it due to more CNG being consumed in the premixed spike or 

immediately afterwards. Furthermore, moderate-to-high CNG usage results in significantly hotter cylinder 

temperatures during piston expansion until around 40-50ę after TDC. Around this crank angle range, the 
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relatively greater amount of diffusion burn encountered in the ULSD only tests begins to heat the working 

fluid to the same level as the CNG tests. Moreover, the high ESR tests promote greater rates of initial heat 

transfer (albeit over a relatively short period); hence, a later heat release (ULSD only) will put more 

energy into the working fluid rather than lost to the ambient through the cylinder walls. 

Altogether, the pressure, RHR, and temperature results suggest that for moderate ESRs (and 

greater loads) CNG usage will result in a greater premixed combustion event; thus, faster overall 

combustion. However, utilizing CNG at lower loads or at higher ESR levels can result in less idealized 

combustion likely resulting in a significant amount of combustible species surviving until the exhaust 

blowdown event. In addition, it appears that nearly all scenarios utilizing CNG will result in varying 

levels of flame quenching throughout the cylinder. In order to highlight these facets further, the measured 

hydrocarbon (HC) emissions of the engine are shown in Figure 11 via methane (a) and non-methane (b) 

hydrocarbons (NMHC). Unsurprisingly, all HC emissions grow significantly with CNG usage. For low 

ESRs, emissions of methane grow significantly; however, this growth largely tapers off for moderate 

substitution of CNG. Furthermore, the rate of growth in methane emissions past 40% ESR falls as a 

function of engine load, such that at 18.0 N-m methane emissions are relatively flat. At the highest ESRs, 

a slight increase in methane emissions is seen as the engine struggles to combust all of the methane 

present in the cylinder. 
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Figure 11. Brake specific methane (a) and non-methane (b) hydrocarbon emissions for all ESRs, 

mixtures, and engine loads. 

Across all ESRs, the growth of NMHC emissions is relatively consistent with respect to engine 

load. However, this intensification is slightly less pronounced for the highest ESRs, as the relatively hotter 

temperature environment appears to consume some HC species prior to exhaustion. Further sources of 

HC emissions could be due to a greater flow of CNG into the crevices of the combustion chamber or past 

the piston, only to be released back into the working fluid during expansion at lower temperatures and 

eventually exhausted to the atmosphere. In addition, while oxygen starvation is likely not widespread 

throughout the cylinder, the lowered amount of oxygen present with heightened ESR may promote flame 

quenching and partial combustion of the fuel. Finally, the relatively significant amount of emitted HCs at 

lower loads (particularly idle) highlights a shortcoming of the dual-fuel system, in that temperatures are 

not sufficient to fully combust the natural gas present in the cylinder. As a result, dual-fuel combustion is 

particularly advantageous when operating at greater engine loads, where elevated combustion 

temperatures promote more premixed (and complete) combustion, as well more thorough combustion of 

methane that survives the premixed combustion event. 

Engine-out soot emissions are shown in Figure 12 and appears to be the most straightforward of 

all of the various emissions species to characterize since soot is a direct result of the efficacy of liquid fuel 
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atomization. Across all engine loads, utilization of CNG will result in a decreased reliance on the liquid 

fuel pilot. As a result, raising ESRs lowers the amount of liquid fuel that can form soot; hence, CNG 

usage causes soot emissions to fall outright. Similarly, for any given ESR, soot emissions rise as a 

function of engine load (other than idle) due to a raised amount of liquid fuel that must be injected into 

the cylinder in order to meet the overall energy demand of the engine at that particular load. 
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Figure 12. Brake specific soot emissions for all ESRs, mixtures, and engine loads. 

Figure 13 details NOx emissions, decoupled into NO (a) and NO2 (b), respectively. In contrast to 

soot, emissions of NO are relatively more complicated with complex relationships between engine load 

and ESR. For low amounts of CNG substitution, NO emissions slightly decrease for all but the highest 

engine loads, as the lowered engine temperatures associated with CNG usage leads to reduced thermal 

NO kinetics. However, there is an increased likelihood of prompt NO formation due to the larger number 

of CH radicals present in the cylinder with added CNG. The overall trend may be explained by a greater 

prevalence of lower local cylinder temperatures, particularly closer to the cylinder walls, subsequently 

indicating that quenching of the flame front (where NO forms) may be occurring and halting flame 

propagation [6, 77-79]. 

However, as ESR rises past 40%, NO emissions largely split into three trends. For engine loads at 

or below 9.0 N-m, the experiments indicate a significant fall in NO emissions with added CNG. In 



45 
 

contrast, operation at 18.0 N-m results in a relatively steady NO emission rate, climbing slightly as a 

function of ESR. Finally, operation between 9.0 and 18.0 N-m splits the gulf with a net decrease in NO 

emissions as ESR grows, but not at the same rate as the lower engine loads. In the case of low loads and 

high ESRs, large degrees of flame quenching, lower overall temperatures, and a relative decrease in 

available oxygen and nitrogen (i.e., air is displaced by CNG) needed to form NO all play a role in keeping 

NO emissions lower than standard operation with ULSD, even at 50% of rated load. 
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Figure 13. Brake specific NO (a) and NO2 (b) emissions for all ESRs, mixtures, and engine loads. 

As engine load increases, less inhibition of flame propagation takes place, but temperatures may 

still be slightly too low for substantial flame-based combustion. Hence, while global equivalence ratios 

(Figure 7) may favor NO emissions, only the region immediately around the ignition source may see 

temperatures significantly high enough for NO formation. However, this ignition source is the liquid fuel 

spray that is in a region significantly more fuel-rich than the rest of the cylinder. This region becomes 

smaller as more CNG is utilized and the flame front (potentially) quenches faster. Furthermore, this 

region becomes richer as ESR rises thanks to the large amount of CNG available globally throughout the 

cylinder. As a result, the only region where NO has suitable temperatures to form may not have the 

prerequisite nitrogen and oxygen. In contrast, the combinations of high loads with large ESRs may expand 

the regions of high temperatures enough to promote the right conditions for NO formation. Nevertheless, 
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at 18.0 N-m and high ESRs, the peak rate of heat release appears shift forward and a shorter ignition delay 

may be seen (Figure 8b does not illustrate a definitive trend). As a result, the premixed spike may 

decrease resulting in reduced NO formation during this phase. Overall, seeing lower NO emissions at 13.5 

N-m and 75-85% ESR illustrates that it may be possible to achieve significant (if not peak) engine loads 

without increasing NO emissions in comparison to operation with ULSD. 

In contrast, NO2 emissions are relatively more consistent, with a universal fall in NO2 as a 

function of engine load for all ESRs. This is largely because of the rise in cylinder temperatures as load 

increases. NO2 is typically formed in the periphery of the cylinder and away from fuel spray as it requires 

relatively rapid cooling in order to maintain itself. Instead, in the high temperature environment, NO2 will 

decompose back into NO; thus, regardless of ESR, rising engine loads will dissuade NO2 production [80]. 

With usage of CNG, NO2 emissions climb for low-to-moderate ESRs. Here, the promotion of 

flame quenching by CNG usage allows more NO2 to cool quickly and maintain itself rather than become 

NO; hence, emissions of NO2 increase alongside ESR [6]. For moderate ESR ranges, however, NO2 

formation begins to generally fall away. At lower engine loads, this is largely related to the similar 

decrease in NO emissions; lower temperatures begin to dissuade all NOx formation. Whereas, at high 

loads this is again due to high temperatures prompting NO emissions at the direct expense of NO2. Both 

of these trends continue as ESR rises to the high-substitution range, where flame quenching and lower 

local temperatures continue to impede all NOx formation except at the highest engine loads. 

Of note, while NO and NO2 emissions both fluctuate over varying ESRs, emissions of each 

species at 18.0 N-m and moderate-to-high ESRs are relatively consistent. In this scenario, increased CNG 

usage can result in a significant rise in temperature that appears to promote the formation of NOx and NO 

from NO2 by thermal decomposition. However, this same CNG induces more flame quenching, 

promoting the existence of cooler areas in the periphery of the cylinder where NO2 can form more readily. 

For full load, it would appear that these two aspects of NOx formation are relatively balanced against each 

other; hence, NO and NO2 emissions are relatively constant above 40% ESR (see Figure 14). 
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Figure 14. Brake specific NOx emissions for all ESRs, mixtures, and engine loads. 

Figure 15 showcases combustion (a) and thermal (b) efficiencies of the engine for all loads, 

mixtures, and ESRs. As implied by the HC emissions, combustion efficiency (almost) universally falls 

with higher ESRs, as the amount of unburned fuel in the exhaust grows. This effect is due to the greater 

likelihood of flame quenching as a function of ESR, as the relatively high stability and activation energy 

of methane serves to inhibit flame propagation, particularly in the periphery of the engine cylinder. 
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Figure 15. Measured combustion (a) and calculated thermal (b) efficiencies for all ESRs, mixtures, 

and engine loads. 
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Furthermore, increasing engine load serves to keep combustion efficiency relatively high by 

raising local temperatures. Thus, combustion efficiency increases with engine load and is able to exceed 

90% at peak engine load even for the greatest ESRs. Interestingly, in spite of the decreasing general 

efficacy of the engine combustion process as a function of ESR, these augmented temperatures promote 

(mostly) higher thermal efficiencies. Here, it is important to recall that thermal efficiency measures the 

engineôs usage of thermal energy actually added to the cylinder, and not the chemical potential energy of 

the burned (or unburned) fuel [14]. Thus, while raising the ESR generally leads to increasingly poor usage 

of fuel chemical potential energy, the engine will inevitably use the potential energy that is successfully 

converted more efficiently. This is inherently due to the greater amount of premixed (i.e., constant 

volume) combustion within the engine with added CNG usage. 

Finally, Figure 16 features the brake specific fuel (BSFC, a) and energy (BSEC, b) consumption 

rates of the engine. Generally, both BSFC and BSEC decrease with engine load as the engine is operating 

more thermodynamically efficient. For low-to-moderate amounts of CNG usage, both the BSFC and 

BSEC tend to rise slightly with ESR, as engine combustion becomes less efficient overall. However, in 

the case of BSFC, this is countered by the higher energy content of CNG and lower amount of fuel mass 

needed to meet a certain amount of required fuel potential energy. 
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Figure 16. Brake-specific fuel (a) and energy consumption (b) rates for all ESRs, mixtures, and 

engine loads. 

Thus, in some cases, BSFC does not significantly grow or may actually fall below that of 

operation with ULSD only. For ESRs above 40%, increasingly inefficient combustion primarily leads to a 

rise in both BSFC and BSEC that is reflected in higher HC emissions. However, for operation at peak 

engine load, this loss of efficiency is mitigated, as the combination of high thermal and combustion 

efficiencies leads to a relatively consistent fuel and energy consumption for all ESRs. Thus, while fuel 

consumption mainly grows overall with ESR, this increase is relatively less significant at higher engine 

loads. 

2.5 Conclusions 

Dual-fuel combustion with CNG presents a reasonable alternative to ULSD-fueled CI engines 

without extensive physical engine modifications. Specifically, utilization of CNG in a dual-fuel 

combustion scenario has the potential to offset ULSD usage and costs while decreasing soot emissions 

and possibly lowering NOx emissions in some operational scenarios. However, a major roadblock to 

modification of existing CI engines for dual-fuel operation is the knowledge of the different combustion 

regimes, particularly with respect to engine retuning and emissions. Therefore, it is necessary to 

determine and categorize dual-fuel combustion over a wide variety of potential operational modes and 

offer clear subdivisions between these modes. To that end, four separate CNG mixtures were tested in a 

high compression ratio single-cylinder CI engine, utilizing a wide range of ESRs ranging from 7% to 85%, 

alongside operation with neat ULSD. 

However, to allow for dual-fuel combustion, heat release models must be adjusted to allow for 

changes in fuel and combustion chemistry. The model presented augments the standard heat release 

analysis in accounting for gases being added to the engine via the intake, and correctly computes changes 

in engine behavior under dual-fuel operation. The model also shows the anticipated increase in premixed 

combustion (and decrease in diffusion burn) when utilizing higher amounts of CNG. Of note, ignition 

delay calculations utilizing the pressure trace only generally work well on the Yanmar L100V, likely 
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related to its high compression ratio and the resulting overlap in combustion of each of the two fuel types 

used. Experimentation on engines with lower compression ratios may yield a clearer boundary between 

combustion of the pilot and gaseous fuel charges, and as a result may require more novel ignition delay 

calculations, but this is not able to be explored in the engine at present. 

Operation within the low ESR (0-18%) range was found to generally mimic ULSD combustion, 

such that ignition delays are not suitably changed and engine retuning is not necessary. Within this range, 

engine operation became slightly less efficient overall, with worsened HC emissions associated with even 

the smallest amounts of CNG tested because of the difficulty in igniting methane. However, this was 

coupled with generally lower NOx emissions through flame quenching, although NO2 emissions increase. 

Furthermore, soot emissions drop dramatically due to a shift from liquid to gaseous fuel combustion. Of 

note, increase methane emissions may be a significant issue for some emissions regulatory agencies, 

necessitating some means to counter methane emissions (e.g. exhaust aftertreatment, or exhaust gas 

combustion in a secondary reactor in the same manner as syngas).  

Midrange ESRs (40-60%) were associated with improvements to engine thermal efficiency as the 

premixed combustion phase grows. However, this is tied to increasing combustion inefficiencies and 

unburned fuel lost to the exhaust, particularly at low engine loads; hence, fuel consumption grows. Again, 

a dramatic drop in soot emissions is seen with NOx emissions slightly decreasing or remaining constant 

(both NO and NO2). Over this ESR range, low loads do not have sufficient temperatures to promote NOx 

production in comparison to ULSD; whereas, high loads may be too fuel-rich near the fuel spray to allow 

for significant NOx production. Furthermore, these moderate substitution rates changed ignition delay and 

combustion timing; thus, retuning the engine to operate within this regime is recommended.  

Finally, high CNG usage (75-85% ESR) was found to result in inadequate combustion at all but 

the peak engine load, with significant flame quenching and cooler temperatures leading to low 

combustion efficiencies, raised fuel consumption rates and greater HC emissions albeit with relatively 

low soot emissions. Moreover, a significant shift in combustion timing required modification to the 

ULSD injection timing. However, the combination of high ESR and high engine loads produced 
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reasonable engine operation, with high thermal efficiencies, lessened increases to HC emissions in 

comparison to other ESRs and loads, and a relatively consistent NOx production and fuel energy 

consumption profile. 
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Chapter III: First Law Analysis of Dual -Fuel Combustion of Biodiesel and Syngas 

Material published as ñUsage of Glycerin-Derived, Hydrogen-Rich Syngas Augmented by Soybean 

Biodiesel to Power a Biodiesel Production Facility,ò International Journal of Hydrogen Energy, August 

24, 2016. 

3.1 Abstract 

A single-cylinder compression ignition engine undergoing dual-fuel operation with soybean 

biodiesel and an artificial hydrogen-rich syngas (postulated from glycerol reformation) was tested at 

varying engine loads and gaseous/liquid fuel flowrates. Overall, increasing syngas usage promotes 

premixed combustion, with only relatively small deviations in injection timing required to maintain 

efficient engine operation. Fuel consumption increased while emissions of particulates fell with greater 

syngas usage due largely to a shift to flame propagation-controlled combustion. Increases in nitrogen 

dioxide emissions are tied closely to syngas usage, and composed an unusually large portion of all 

nitrogen oxide emissions via greater levels of flame quenching. The experimental results are combined 

with an energy analysis of a biodiesel production process in order to determine the amount of glycerol 

(subsequently converted to a syngas) and biodiesel required for a small-scale plant to be self-sufficient. 

Calculations indicate that only 10.88% of the glycerol by-product generated and 3.65% of the biodiesel 

produced by the facility is needed to provide all of the plantôs energy requirements.  

3.2 Introduction  

Given the potential climate change from the continued use of fossil fuels, an increased need exists 

for renewable energy sources produced from non-petroleum supplies. One such source is biodiesel fuel 

derived from existing feedstocks of biomass, most commonly through transesterification [81]. This 

process combines a lipid-heavy material (e.g., soybean oil) with an alcohol to form biodiesel in the form 

of fatty-acid methyl (using methanol) or ethyl (using ethanol) esters. During this process, biodiesel and 

glycerol (an odorless and colorless by-product [34]) are generated at an amount of 38 and 10 gallons, 

respectively, per 50 gallons of feedstock oil [82]. The recent rise of biodiesel production because of the 
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United States Environmental Protection Agencyôs continuing emphasis on renewable fuels has resulted in 

a sudden glut of glycerol on the market, leading to a significant decrease in its price [83, 84]. Furthermore, 

this fall in price could continue, as the Department of Energy estimates that for every 2% of petroleum 

replaced with biodiesel per year, another 800 million pounds of glycerol is produced [34]. As a result, the 

economic viability of refining, storage, and sale of pure glycerol created from biodiesel production is 

decreasing [85]. This reduces the ability of biodiesel to compete with petroleum-based fuels. 

In its pure form glycerol is too viscous to be injected directly, and may settle and solidify within 

the fuel lines [86]. When used as a fuel additive, glycerol has been shown to have difficulty atomizing. As 

a result, combustion including glycerol has exhibited increased carbon monoxide (CO) and total 

hydrocarbon (THC) emissions, characteristic of partial combustion, while also causing increased 

production of oxides of nitrogen (NOx) [34, 87, 88]. In order to utilize glycerolôs high hydrogen content, 

it may need to be partially oxidized (typically in the presence of a catalyst) into a hydrogen-rich synthetic 

gas (aka syngas) [89]. This syngas can then be employed in a direct combustion manner with a spark 

ignition (SI) engine. For a compression ignition (CI) engine, the combustion of syngas alone is difficult 

due to the lack of precision in controlling the ignition timing and duration; a problem in CI engine 

operation with all gaseous fuels. However, syngas may be used in a CI engine with the addition of a pilot 

charge of liquid fuel, in the same manner as dual-fuel combustion of ultra-low sulfur diesel (ULSD) and 

compressed natural gas (CNG) [8]. 

Previous studies in hydrogen-rich syngas dual-fuel CI combustion have found the potential to 

decrease NOx emissions while possibly increasing thermal efficiency and in-cylinder pressure, so long as 

the amount of hydrogen is limited to prevent pre-ignition and early or excessive premixed heat release 

rate [90]. Combustion of hydrogen also benefits from a wide-ranging flammability limit and low ignition 

energy, but may also increase the overall auto-ignition temperature of the mixture. Furthermore, hydrogen 

possesses a lower overall quenching distance, being able to burn much closer to the cylinder wall, 

subsequently leading to further increases in thermal efficiency over other gaseous fuels [90]. This earlier 

work highlighted a possible operational ceiling of 30% hydrogen content by volume in the intake charge, 
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past which pre-ignition of the hydrogen becomes severe [90, 91]. In addition, syngas addition beyond 

35% (by total fuel energy content) has been found to lead to inefficiencies due to a general lack of oxygen 

available for complete combustion [92]. More recent work has universally shown a decrease in engine 

fuel conversion efficiency and increase in fuel consumption as additional syngas is used [92-100]. This 

behavior is likely related to combustion efficiency degradation (particularly at low engine loads) when 

utilizing gaseous fuels [92, 95, 100]. However, the decreased combustion efficiency and increased CO 

and THC emissions is due entirely to unburned gaseous fuel, and does not appear to reflect a decrease in 

liquid fuel combustion efficiency [92, 100]. Emissions of PM have also been found to generally decrease 

with additional gaseous fuel usage, while emissions of NOx compounds either remained somewhat 

constant or increased, particularly in the form of NO2 [8, 92-95, 97, 100]. 

Between differing gaseous fuels species, methane content has been linked to larger CO and THC 

emissions, while hydrogen content is more associated with NOx emissions [92, 95, 100]. In addition, it 

has been found that increasing hydrogen content in methane-dominated mixtures will aid in reducing CO 

and THC emissions by increasing combustion efficiency. In contrast, increasing methane content in 

primarily-hydrogen gaseous fuels mitigates NOx emissions by promoting cooler combustion that inhibits 

the thermal NO mechanism [93]. Finally, when using biodiesel as the liquid pilot in place of ULSD, 

researchers have found a general increase in NOx emissions [94], although that may be related to 

combustion phasing effects instead of fuel chemistry [19]. 

To that end, this work uses a hydrogen-rich gas chosen to approximate the syngas produced at an 

existing glycerol reformation station. A single-cylinder CI engine was then operated at a constant speed 

and varying fractions of the ratio of this syngas to soybean biodiesel was employed at different loads in 

order to maintain constant engine power. This engine utilized a modern, high-pressure liquid injection 

system that allows for normalization of combustion timing, and reinvestigates the authorsô earlier findings 

that employed a mechanical injection system [90]. Testing included monitoring the engineôs performance 

and in-cylinder pressure characteristics while recording a comprehensive emissions profile as a function 

of both fuel flow rates. Subsequent post-processing included a heat release analysis for understanding pre-
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mixed and diffusion burn characteristics. Over the following sections, the details of this experimental 

process are discussed including the resulting pressure traces, rates of heat release (RHR), emissions, and 

efficiency data gained from testing. A subsequent discussion then expands on the initial results by 

estimating the effectiveness in using syngas-assisted biodiesel combustion as an energy source for the 

biodiesel production process [82, 101]. In specific, biodiesel production requires a source of power for 

various processes (e.g. heating and filtering the feedstock, powering the reactor, etc.), and the potential 

exists to supply the energy required through the dual-combustion of syngas (from the glycerol by-

product) and the produced biodiesel. Finally, this analysis also includes a comparison to previous 

successful (but inefficient) reformation and combustion of actual syngas in a larger SI engine [82]. 

3.3 Experimental Methodology 

Currently, a unique glycerol-based power generation system is installed at the University of 

Kansas that includes a full-scale reformer along with a Chevrolet 350 in3 V8 engine and Mecc-Alte 

ECO32-2L/4 generator [82]. The reformer utilizes a relatively low-cost nickel-alumina catalyst and 

various flow rates of glycerol in order to explore the ranges of syngas reformation and combustion for 

power. Of note, an 80/20% glycerol/water mixture is employed in the full-scale reformer in order to 

reduce the viscosity of glycerol while promoting the water gas shift reaction to generate more hydrogen in 

the reforming process. However, to allow for the combustion of syngas in a CI engine at a separate 

location on campus, the syngas in this effort comes as a tank gas since the reformer effluent cannot be 

bottled on-site given the explosion hazards involved. As a result, the artificial syngas mixture was created 

by Matheson Tri-Gas to match the average mixture generated by glycerol reformation as shown in Table 

4 [82]. The resulting artificial syngas had a lower heating value of 10.75 MJ/kg (31.55 if only flammable 

species are considered), a constant pressure specific heat of 1395.6 J/kg-K, a ratio of specific heats of 

1.355, and a gas constant of 364.6 J/kg-K [82]. 
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Table 4: Composition of the original (observed) syngas and the artificial mixture, 

expressed in volume % [75, 82]. 

Mixture 
Component 

Volume Fraction 
(Dry) 

Volume Fraction 
(Wet) 

Artificial Mixture 

Hydrogen 32.4 28.7 28.7 

Methane 5.8 5.1 5.1 

Carbon Monoxide 18.1 16.0 16.0 

Carbon Dioxide 7.2 6.3 17.7 

Water - 11.4 - 

Ethylene 4.8 4.3 4.3 

Ethane 2.6 2.3 2.3 

Nitrogen (assumed) 29.1 25.9 25.9 

Of note, the actual syngas mixture contains a relatively high water content that cannot be easily 

replicated in the artificial syngas, as the water would condense out of the overall mixture. To achieve the 

desired composition, the carbon dioxide (CO2) content in the artificial syngas mixture was increased to 

account for both the CO2 and water content of the original gas. As a result, the lower heating value of the 

combustible material remained constant at 31.50 MJ/kg, and the ratio of specific heats of the mixture was 

lowered slightly (from 1.360). The choice of using additional CO2 over N2 to represent the inert water in 

the mixture was to maintain the ratio of specific heats as closely to the initial mixture as possible; both 

water and CO2 are triatomic molecules and using N2 would have raised the ratio of specific heats to 1.372. 

Moreover, this prevents a further increase N2 concentration that would have impacted NOx emissions 

through the thermal NO mechanism (a significant focus of regulation standards). This should provide a 

realistic characterization of syngas combustion; however, emissions will be slightly different (promotes 

CO instead of H2 production) since H2O dissociation and the water gas shift reaction (CO + H2O ė H2 + 

CO2) will not be as accurately portrayed. 

Experiments with the artificial syngas were performed using a Yanmar L100V single-cylinder CI 

engine [73]. The engine was operated with the manufacturerôs Exhaust Gas Recirculation (EGR) port 

blocked. In addition, the engineôs standard mechanical injection system was replaced with a modern high-

pressure single rail injection system controlled electronically with a Bosch MS15.1 engine control unit 

using Bosch Modas Sport. Finally, engine speed was controlled using a Dyne Systems Dymond Series 

alternating current dynamometer rated for a maximum torque of 21.1 ft-lbs, and a maximum speed of 
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7500 RPM [102]. Engine operation was monitored and recorded using National Instruments (NI) 

LabVIEW systems. The first of these systems was utilized to capture the in-cylinder pressure trace at a 

resolution of 0.2̄ of crank angle, using 60 consecutive thermodynamic cycles (120 engine revolutions) in 

order to offset cyclic variations. The second system collected other engine operating data every 0.1 

seconds over the course of two minutes. Finally, a third NI system was used to facilitate communication 

with an AVL smoke meter and SESAM-FTIR emissions analyzer, in order to provide a complete 

characterization of the engine-out emissions profile. The emissions analyzer was set to record a full 

emissions profile every second over the course of three minutes of engine operation at steady-state 

(defined by changes in oil and exhaust temperatures of less than 1% over the previous 60 seconds) [73]. 

The syngas was tested at three separate Energy Substitution Rates (ESR), or the fraction of the 

total energy used for combustion that is added by the syngas. The ESR is defined mathematically as 

follows: 

Energy Substitution Ratio ὉὛὙ
ά ὗ

ά ὗ ά ὗ
 (20) 

where m is the mass flow rate of fuel, and QLHV is the lower heating value, and the subscripts g and p are 

used to differentiate between syngas and pilot (liquid) fuel charges, respectively [8]. The three separate 

ESRs used in testing were 10%, 20%, and 35% at all engine loads other than the peak rated load, at which 

point the maximum amount of syngas that could be added to the intake was maximized at 30% ESR. The 

bottled syngas mixture was attached to a gaseous mixing box on the intake-side of the engine, allowing 

for complete mixing of the intake air and gaseous fuel. Flow of the gaseous fuel was monitored and 

controlled using a Brooks mass flow controller (model #SLA5850s) [8]. 

The syngas mixture was tested at 1800 RPM, and by varying engine load from 0.5 N-m (engine 

idle) to 18.0 N-m (peak load at 1800 RPM), to separate and identify the varying effects of increasing the 

syngas component of fuel energy in both the premixed and diffusion burn portions of the engine cycle. 

This engine speed was chosen based on prior testing efforts that demonstrate conditions of primarily pre-

mixed burn to mostly diffusion burn based on load. For testing, the engine was brought to a given engine 
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load using soybean biodiesel only (henceforth, 0% ESR), with an energy content of 39.88 MJ/kg, and 

with other properties approximated in Table 5 via earlier efforts. 

Table 5: Soybean biodiesel properties. 

Cetane Number 48.1 ± 4.7 

Energy Content [MJ/kg] 39.88 ± 0.044 

Density [kg/m3 at 298.15 K] 875.58 ± 0.01 

Kinematic Viscosity [cSt] 4.218 ± 0.001 

Dynamic Viscosity [cP] 3.693 ± 0.001 

Oxygen Content [% wt.] 9.9 ± 0.3 

H:C Molar Ratio 1.87 ± 0.04 

This operation was continued until the engine achieved steady-state, at which point the engine 

operational data was collected. Next, the amount of biodiesel being injected was reduced, and the syngas 

was allowed to flow into the intake to reach a desired ESR. After the engine had re-acquired steady-state, 

the new operational data was collected. Following this, the process was repeated until all of the desired 

ESRs for a given load had been achieved. At this point, the flow of syngas was stopped and the rate of 

biodiesel fuel injection increased in order to achieve the next engine load, with testing occurring at idle 

(0.5 N-m), 25% (4.5 N-m), 50% (9.0 N-m), 75% (13.5 N-m), and 100% of rated engine load (18.0 N-m). 

The common-rail injection system was held at 48±0.5 MPa, and injection timing was varied (when 

necessary) in order to realign the timing of peak cylinder pressure during dual-fuel operation to that of 

operation with biodiesel only. Post-processing included filtering and compilation of the acquired in-

cylinder data, as well as the use of an equilibrium-based heat release model [11, 73, 103]. 

3.4 Experimental Results 

The pressure traces for engine operation at 0.5 N-m (Figure 17a) and 4.5 N-m (Figure 17b) 

exhibit similar behavior, and dual-fuel operation is not too dissimilar to traditional engine operation with 

biodiesel. Of note, all data presented corresponds to normalized combustion, with respect to peak pressure 

being maintained at a consistent crank angle location. In each case, the most significant difference is the 

general lowering of cylinder pressure with an increase in ESR. This is related closely to the change in the 

ratio of specific heats of the bulk gas within the cylinder. In specific, the pressure at top-dead center 
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(PTDC) is related directly to the pressure within the cylinder when the intake valve is closed (PIVC), the 

compression ratio of the engine (r), and the ratio of specific heats of the bulk gas (g) if isentropic 

compression is assumed [8]: 

Isentropic Compression g=TDC IVCP P r
 

(21) 

Here, the engine compression ratio is constant, and the changes in intake pressure are negligible. However, 

the ratio of specific heats decreases from 1.40 (for air) towards 1.357 (for syngas) as the ESR increases 

and dilutes the greater bulk gas mixture. This depresses the peak cylinder pressure during compression, 

subsequently lowering the combustion pressure. 
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Figure 17: Measured in-cylinder pressure traces for operation with biodiesel and three ESRs at 0.5 

N-m (a), 4.5 N-m (b), 9.0 N-m (c), 13.5 N-m (d), and 18.0 N-m (e). 

At 9.0 N-m (Figure 17c), the lowering of peak cylinder pressure due to compression is still seen; 

however, after combustion begins, increasing ESR led to a slight growth in peak cylinder pressure. This 

amplification of combustion pressure is further evident at the higher loads of 13.5 N-m (Figure 17d) and 

18.0 N-m (Figure 17e). Previous efforts with this engine involving soybean biodiesel have illustrated that 

at 1800 RPM, combustion is largely pre-mixed burn up to 9.0 N-m. Hence, all liquid fuel added is 

sufficiently prepared for combustion within the ignition delay of the fuel. At and above this load, 

diffusion burn starts to play a more prominent role with 13.5 N-m and 18.0 N-m results transitioning to 

significant amounts of diffusion burn. Therefore, as ESR increases, the level of pre-mixed combustion 

increases (and so does peak pressure) because the intake-added syngas does not suffer from the 

phenomena associated with the physical ignition delay in liquid fuels. This is quite noticeable due to the 

sudden change in the upward slope of the pressure rise, seen at approximately 4-6  ̄after top-dead center 

(ATDC) in Figure 17d. With increasing amounts of syngas, this slope continues to rise further illustrating 

greater levels of pre-mixed combustion. Calculation of ignition delay via the second derivative of the 

pressure trace found that the syngas did not greatly affect the ignition delay of the fuel mixture; hence, it 

will not appreciably influence the relative amounts of pre-mixed and diffusion burn. When needed, 

changes to injection timing and ignition delay were approximately 0.1-0.3, and 0.2-0.7 crank angle 
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degrees, respectively. This is because both hydrogen and methane are difficult to auto-ignite; hence, 

ignition delay is governed primarily by the biodiesel chosen and not the syngas. 

Investigating the RHR as ESR is increased in Figure 18 finds that the diffusion-burn phase is 

dramatically reduced, even at light loads besides idle where all combustion is overwhelmingly pre-mixed. 

As load and ESR increases, a noticeable growth in the pre-mixed phase is found with a corresponding 

decrease in diffusion burn. This behavior highlights the characteristic shortcoming of liquid fuels; the 

inability of the injected fuel to fully prepare prior to combustion. In order to meet a desired load, the 

engine must lengthen the injection event at a given injector pressure in order to allow more fuel to enter 

the engine, subsequently promoting diffusion burn. The addition of syngas provides the needed energy at 

a given load during the pre-mixed burn phase since it enters through the intake with the air. 

Furthermore, previous research on CNG-assisted combustion indicates that an increase in ESR 

results in a more homogeneous fuel-air mixture and the transitioning of combustion to a flame-

propagation type of event [8, 90]. Given the wide flammability limit and significantly fast flame speeds of 

hydrogen mixtures, it is possible that there is a greater level of biodiesel pre-mixed burn as the level of 

hydrogen increases. For instance, biodiesel on the periphery that would not be combusted at 0% ESR 

could now be potentially ignited by the hydrogen flame front as it propagates at 35% ESR. This may 

explain the delay in pre-mixed spike (e.g., 5̄ to 6.5̄  ATDC at 13.5 N-m) with ESR as the flame front 

propagates and continues to burn biodiesel fuel in the periphery. Moreover, the distinct combustion phase 

peaks at higher loads are now blending as (a) less biodiesel fuel is needed with higher ESR levels, 

subsequently reducing the potential for diffusion burn and (b) flame propagation may be aiding the now 

more homogeneous diffusion-burn combustion process. 

The in-cylinder temperature, calculated from the pressure trace and composition of the bulk gas, 

serves as a final means to express the relationships between pressure, heat release, and the varying stages 

of combustion, and is shown in Figure 19. Similar to the in-cylinder pressure traces, a slight decrease in 

temperature during the compression can be related to the change in ratio of specific heats within the 

cylinder. At lower engine loads, the similarity across various ESRs is apparent in the relatively identical 
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temperature profiles due to combustion being nearly all pre-mixed (Figure 3a). When diffusion burn plays 

a more prominent role at higher loads, increasing the ESR level results in temperatures greater than ULSD. 

This is due to the dramatic increase in the pre-mixed combustion phase around TDC.  
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Figure 18: Fuel Rate of Heat Release for biodiesel and three ESRs at 0.5 N-m (a), 4.5 N-m (b), 9.0 

N-m (c), 13.5 N-m (d), and 18.0 N-m (e). 

The in-cylinder temperature, calculated from the pressure trace and composition of the bulk gas, 

serves as a final means to express the relationships between pressure, heat release, and the varying stages 

of combustion, and is shown in Figure 19. Similar to the in-cylinder pressure traces, a slight decrease in 

temperature during the compression can be related to the change in ratio of specific heats within the 

cylinder. At lower engine loads, the similarity across various ESRs is apparent in the relatively identical 

temperature profiles due to combustion being nearly all pre-mixed (Figure 3a). When diffusion burn plays 

a more prominent role at higher loads, increasing the ESR level results in temperatures greater than ULSD. 

This is due to the dramatic increase in the pre-mixed combustion phase around TDC.  
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Figure 19: Calculated in-cylinder temperature profiles for biodiesel and three ESRs at 0.5 N-m (a), 

4.5 N-m (b), 9.0 N-m (c), 13.5 N-m (d), and 18.0 N-m (e). 

The next point of consideration lies with the changes in engine operational efficiency with respect 

to load and ESR. Mass flow rates of both syngas and biodiesel, as well as the potential energy content of 

the syngas mixture and biodiesel, are found in Table 6. The general trend shows the expected linear rise in 

gaseous fuel consumption (and a fall in liquid consumption) as ESR was increased. However, the brake 

specific consumption of both fuel (BSFC) and energy (BSEC) of the engine as a whole increased with 

higher ESR even though the level of the more efficient pre-mixed combustion phase grows. To understand 

this finding, one must look towards the decrease in volumetric efficiency with ESR as illustrated in Figure 

20a. The added syngas is reducing the amount of oxygen entering the engine promoting reduced 

combustion efficiency. Furthermore, combustion is transitioning from auto-ignition (i.e., CI combustion) 

to flame propagation (i.e., SI combustion) as ESR grows. Hence, overall combustion becomes less 

constant-volume like that could lead to a reduction in engine efficiency. So, while the pre-mixed phase 

grows, combustion in general might take longer to finish. These findings are reflected in the growth of the 

global equivalence ratio with ESR in Figure 20b. 
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Table 6: Liquid and gaseous fuel flow rates and energy contents for all loads and 

ESRs tested. 

  Biodiesel Syngas Brake Specific 
Consumption 

Engine Load ESR 

[%] 

Flowrate 

[g/s] 

Power 

[kW] 

Flowrate 

[g/s] 

Power 

[kW] 

Fuel 

[g/kWh] 

Energy 

[kJ/kWh] 

0.5 N-m 
(0.094 kW) 

0 0.078 3.111 0 0 2412.99 96230 

10 0.068 2.725 0.029 0.309 8956.69 279935 

20 0.068 2.716 0.066 0.712 5315.07 135603 

35 0.060 2.393 0.128 1.379 6795.71 136153 

4.5 N-m 
(0.848 kW) 

0 0.112 4.481 0 0 477.22 19059 

10 0.106 4.217 0.045 0.487 627.21 19536 

20 0.097 3.884 0.094 1.006 798.19 20437 

35 0.083 3.309 0.178 1.914 1064.39 21300 

9.0 N-m 
(1.696 kW) 

0 0.156 6.202 0 0 325.25 12984 

10 0.144 5.752 0.063 0.681 430.18 13333 

20 0.130 5.166 0.127 1.362 546.30 13917 

35 0.109 4.364 0.229 2.466 718.94 14493 

13.5 N-m 
(2.545 kW) 

0 0.201 8.033 0 0 288.81 11532 

10 0.186 7.427 0.081 0.876 380.41 11806 

20 0.167 6.644 0.166 1.784 477.00 12088 

35 0.137 5.481 0.293 3.146 615.16 12339 

18.0 N-m 
(3.393 kW) 

0 0.258 10.305 0 0 274.75 10980 

10 0.232 9.247 0.103 1.103 359.74 11132 

20 0.209 8.334 0.202 2.173 440.76 11265 

30 0.184 7.335 0.299 3.210 520.47 11374 
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Figure 20: Calculated volumetric efficiency (a) and global equivalence ratio (b) with respect to ESR 

at each engine load tested. 
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Figure 21: Fuel conversion efficiency (a), combustion efficiency (b), and thermal efficiency (c) with 

respect to ESR at each engine load tested. 

To illustrate this last thought more clearly, the changes to fuel conversion, combustion, and 

thermal efficiency with ESR are presented in Figure 21. Fuel conversion efficiency is computed from the 

fuel flow rates and follows the trend of BSFC; i.e., decreasing with added ESR. Combustion efficiency is 

calculated from the exhaust gas speciation and demonstrates a reduction with respect to ESR addition. 

This is counterintuitive since more combustion is happening sooner (i.e., pre-mixed) providing for more 

combustion time and in-cylinder temperatures generally increase with ESR suggesting a hotter 

combustion process. Hence, this reduction is likely due to the transition to flame-propagation combustion 
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of a mixture containing a significant fraction of methane gas. While hydrogen has a high flammability 

limit, previous efforts with CNG dual-fuel combustion illustrate that methane is more likely to remain 

stable within the cylinder, particularly in the cooler regions of the cylinder where combustion is less 

pronounced (either due to poor flame front propagation, poor air-fuel mixing, or potential flame 

quenching near the wall) [104-106]. Furthermore, the syngas artificially adds Exhaust Gas Recirculation 

(EGR) species (i.e., N2 and CO2) into the intake with ESR that acts as diluent, subsequently lowering 

combustion efficiency by reducing flame propagation [107]. Finally, investigating thermal efficiency (as 

calculated from the fuel conversion and combustion efficiencies) finds that it generally trends lower with 

ESR addition. This is probably the most illustrative finding with respect to the influence of flame-

propagation on the results. Figure 18 demonstrates a significant rise in pre-mixed burn suggesting higher 

engine thermal efficiencies; however, the transition to a flame-propagation combustion event along with 

effectively adding EGR (that slows flame propagation) overwhelms the large increase in pre-mixed burn. 

This result differs from the prior efforts of the authors where the syngas consisted of only H2 and CO and 

an increase in thermal efficiency was seen at a few engine loads. 
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Figure 22: Brake-specific production of NOx (a), NO (b), NO2 (c), and the ratio of NO to NO2 (d) 

with respect to ESR for each engine load tested. 

Engine-out brake-specific NOx production (see Figure 22a) showed a general decrease with 

respect to engine load, regardless of ESR used. This behavior is in keeping with prior results and is due to 

the increase in engine efficiency with load (Figure 21). With an increase in ESR at a given load, NOx 

production appeared to either remain unchanged or decrease very slightly. Investigating NO (Figure 22b), 

one would expect that an increase in pre-mixed burn (Figure 18) and in-cylinder temperatures (Figure 19) 

while having a global equivalence ratio closer to peak NOx production (Figure 20b) would lead to higher 

levels of NO due to the thermal NO mechanism (more time and temperatures to promote the kinetics). 

Furthermore, due to the higher hydrogen-to-carbon ratio caused by the addition of the methane- and 

hydrogen-dominated syngas, increased NO production through the prompt NO mechanism is possible as 

ESR is increased. However, the trend found was opposite; moreover, NO2 goes up with ESR (Figure 22c), 

whereas convention would state it should go down. Investigating the relative ratio of NO/NO2 in Figure 

22d demonstrates that the overall tendency is to promote NO2 production over NO with ESR.  

This behavior can be explained through the increasing homogeneity of the combustion process as 

ESR is increased, smoothing the temperature gradient (i.e., allowing combustion to spread further away 

from the pilot fuel spray), and increasing the likelihood of flame quenching near the cylinder walls. This 

promotion of flame quenching leads to a growth of NO2 over NO; i.e., normally NO2 quickly reverts back 
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to NO, but on the periphery of a flame when NO2 sees relatively colder temperatures, it can freeze at its 

current concentration. Similar NOx findings have been previously documented with dual-fuel combustion 

of CNG and ULSD [8, 105, 106, 108]. Of note, as load continues to increase, the rising temperatures with 

ESR may eventually cause thermal NO production to win out over NO2 quenching [109].  

Brake-specific particulate matter (PM) emissions demonstrated a gradual increase in overall 

production with greater load, while also showing substantial decreases with added ESR (see Figure 23). 

Both of these behaviors are representative of the changes in the fuels being used with different 

combinations of load and ESR. For higher loads, more biodiesel fuel is utilized either as the primary 

source of energy or as the pilot fuel for the syngas mixture, leading directly to an increase in PM 

production through higher levels of diffusion burn (Figure 18). As ESR is increased, the total amount of 

liquid fuel utilized decreases, causing a direct decrease in the total amount of liquid fuel available to form 

PM. In addition, the decrease in PM emissions by addition of syngas is not entirely a linear relationship. 

This is due to the homogenizing effect of syngas that decreases fuel stratification directly; hence, a linear 

increase in ESR results in an exponential decrease in PM production. 
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Figure 23: Brake-specific production of PM with respect to ESR at each engine load tested. 

THC emissions generally decreased with engine load for each ESR tested as shown in Figure 24a, 

consistent with the trend of combustion efficiency (Figure 21b). However, THC emissions gradually 
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increased alongside ESR, suggesting an overall increase in the number of hydrocarbon species surviving 

combustion as gaseous fuel composed a greater fraction of the overall mass. This is again due to the 

transition to flame propagation and higher likelihood of flame quenching leaving THCs on the periphery 

of the mixture. Moreover, since the engine is now compressing the syngas along with air, there is the 

added potential of crevice flow leading to HCs re-emerging during exhaust valve opening.  

As shown in Figure 24b, methane follows the same trend with ESR while also forming a 

significant fraction of roughly a quarter of the engine-out THC emissions (see Figure 24c); whereas, it 

only constituted 5.1% by volume of the initial syngas mixture (Table 4). This is likely due to methane's 

stability at high temperatures relative to other hydrocarbons [104]. Emissions of hydrogen gas (H2) were 

also calculated via considering the water-gas shift reaction, and these emissions followed the same trends 

as those of methane, serving as further evidence that flame quenching on the periphery of the cylinder 

reduces combustion effectiveness [105, 106]. 
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Figure 24: Brake-specific production of THCs (a) and methane (b), the fraction of methane in THC 

emissions (c), and brake-specific production of H2 (d), with respect to ESR at each load tested. 

3.5 Syngas-Powered Biodiesel Production 

It is apparent that the usage of a hydrogen-rich syngas in a dual-fuel combustion manner with 

biodiesel is achievable for a small-scale, modern CI engine. Given that a potentially sustainable source of 

syngas is through the reformation of the biodiesel by-product glycerol, this dual-fuel operation is of 

interest within the field of biodiesel production as it would potentially remove the need to dispose of (or 

sell) glycerol. At the University of Kansas, a biodiesel production facility (KU Biodiesel Initiative) 

converts oil into biodiesel and glycerol through a transesterification (batch) process. In order to power the 

entire process, 14.9 kWh of energy is utilized at various rates (ranging from 0.153 kW to 2.792 kW) over 

the course of nearly 17 hours as shown in Table 7. Tests involving the flow rates to run the previously 

mentioned Chevy 350 in3 V8 engine while measuring the power produced from the Mecc-Alte ECO32-

2L/4 generator determined that it would take 70.56 gallons of glycerol (after factoring in a 20% water 

content) in order to produce 38 gallons of biodiesel product and 10 gallons of crude waste glycerol. 

However, the continuous energy requirements of the process never rises above 2.80 kW, making the 

Chevrolet 350 engine (capable of 150 kW) much too large for this small-scale biodiesel production 
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facility. This results in the Chevy engine running at lower engine speeds and loads than optimal, 

subsequently requiring a glycerol usage seven times higher than what is produced in the process [82]. 

Table 7: Energy and glycerol flow rates (after accounting for 20% water content) for 

biodiesel production [82]. 

Phase Time 
[hours] 

Continuous Power 
Required [kW] 

Glycerol Flow 
Rate [gal/hour] 

Glycerol 
Required [gal] 

Oil Filter Stage 1 3.00 1.28 4.29 12.86 

Oil Filter Stage 2 2.50 2.79 4.64 11.60 

Reactor Pump 6.00 0.39 4.08 24.45 

Catalyst Mixer Pump 0.33 0.36 4.07 1.36 

Fluid Transfer Pumps 1.00 0.15 4.02 16.28 

Dryer Pump 4.00 0.37 4.07 16.28 

Total 16.83 - - 70.56 

If the engine were to be replaced with a single-cylinder CI engine, such as the one used for the 

preceding experiments, the potential exists to reduce the required glycerol amount. The Yanmar L100V 

engine has a peak output of 3.4 kW at 1800 RPM (6.2 kW at 3600 RPM); hence, it is able to meet the 

continuous energy requirements for biodiesel production at the given facility. In the original reformation 

system, the V8 SI engine utilized only syngas in order to fuel combustion and drive a generator, and was 

extremely inefficient as the engine was operating close to idle. By utilizing the much smaller Yanmar, it 

is conceivable that the engine would be able to make more efficient use of the energy content of the 

syngas mixture while relying on the produced biodiesel fuel to initiate the dual-fuel combustion process. 

In order to allow for a comparison between the two engines, it is necessary to provide an 

expression to link the rate at which glycerol is reformed to the energy content of the produced syngas, or 

the total effectiveness of the reformation process. The original V8 engine required an input flowrate of 

7.975 gal/hour of the glycerol/water mix (or 6.380 gal/hour of raw glycerol) in order to produce syngas at 

a rate of 14.716 g/s (or 158.2 kW of chemical potential energy) to produce 3.6 kW of power [82]. From 

this, it is possible to generate the following expression: 

Syngas Reformation 

Effectiveness 

,
=

s LHV s

g

g

m Q
E

m
 (22) 

where the mass flow rate of syngas (in g/s), the lower heating value of the syngas (in kJ/g), and the rate of 

consumption of the glycerol (ms, in gal/hour) are used to evaluate the glycerol reformation effectiveness 
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(Eg) of 24.80 kWh/gal. This effectiveness may then be utilized to estimate the necessary glycerol 

reformation rates needed to meet the syngas consumption rates utilized in testing with the Yanmar L100V 

(see Table 6), by reordering Equation 22: 

Required Syngas Reformation 

Rate for Given Fuel Usage 

,
=

s LHV s

g

g

m Q
m

E
 

(23) 

To this end, a second analysis was performed for glycerol reformation and combustion using the 

Yanmar L100V operating at 30% ESR and 1800 RPM. The power production rates utilized in Table 7 

were scaled uniformly by a factor of 1.219 to be constrained to the engineôs operational limits; i.e., the 2nd 

oil filtering stage now draws a constant 3.4 kW, or 100% rated engine load at 1800 RPM. This further 

ensures that the Yanmar was running at engine loads higher than idle where measurement uncertainty is 

generally the greatest. Required syngas and biodiesel flow (and energy) rates into the engine to achieve 

given power production rates were scaled using linear interpolation of the data given in Table 6. Finally, 

the necessary reformation rates of glycerol for each stage of the biodiesel production process were solved 

using Equation 23 and are given in Table 8. 

Table 8: Power production of optimized Yanmar L100V operating at 1800 RPM and 30% ESR. 

Phase Output 
Power [kW] 

Biodiesel 
Flowrate [g/s] 

Syngas 
Flowrate [g/s] 

Syngas 
Power [kW] 

Glycerol Flow 
Rate [gal/hour] 

Oil Filter Stage 1 1.56 0.105 0.220 2.367 0.095 

Oil Filter Stage 2 3.40 0.187 0.304 3.270 0.132 

Reactor Pump 0.48 0.069 0.147 1.580 0.064 

Catalyst Mixer Pump 0.44 0.067 0.144 1.551 0.063 

Fluid Transfer Pumps 0.18 0.059 0.127 1.366 0.055 

Dryer Pump 0.45 0.068 0.145 1.558 0.063 

 
The result of this analysis is a large increase in the expected efficiency when utilizing the smaller 

Yanmar engine. In the 2nd Oil Filtering stage alone, the Yanmar utilizes a reformation rate of only 0.132 

gal/hour (to the V8ôs 4.64 gal/hour), while also producing 3.4 kW of output power (to the V8ôs 2.79 kW). 

This obviously comes at a price of shifting the energy burden onto the biodiesel fuel, but the power input 

of the biodiesel (7.335 kW) and the syngas (3.270 kW) together is only 10.605 kW. Using Equation 23 

and solving for the necessary syngas flowrate, the V8 engine is shown to consume syngas at a rate of 10.7 

g/s, or 115.05 kW, a full order of magnitude higher than the total energy consumption rate of the Yanmar. 
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From the known glycerol reformation rates, the total amount of glycerol needed to power the 

entire reformation process can be ascertained in Table 9. In addition, the required biodiesel fuel flow rates 

were also solved for each phase of the process through linear interpolation. In total, the optimized 

reformation process utilizing the Yanmar L100V engine would use 1.326 gallons of glycerol and 1.688 

gallons of biodiesel, while producing 12.186 gallons of glycerol and 46.308 gallons of biodiesel, yielding 

a net gain of 10.860 and 44.620 gallons of glycerol and biodiesel, respectively. In addition, the process 

would require 0.265 gallons of water to mix with the pure glycerol prior to reformation. Plotting the 

comparative glycerol reformation rates of the two engines (see Figure 25) shows that, while it is capped at 

a maximum power output of 3.4 kW at 1800 RPM, the optimized Yanmar L100V serves as a more 

efficient platform when the necessary power output of the system is relatively small. This is because of 

the shift to lean CI combustion from stoichiometric SI operation, and engine friction is significantly 

reduced moving from eight cylinders down to one.  

Table 9: Energy and glycerol/water flow rates for optimized 

biodiesel production in a Yanmar L100V engine. 

Phase Pure Glycerol 
[gal] 

Water 
[gal] 

Biodiesel 
[gal] 

Oil Filter Stage 1 0.286 0.057 0.343 

Oil Filter Stage 2 0.330 0.066 0.511 

Reactor Pump 0.382 0.076 0.449 

Catalyst Mixer Pump 0.021 0.004 0.025 

Fluid Transfer Pumps 0.055 0.011 0.065 

Dryer Pump 0.251 0.050 0.295 

Total Required 1.326 0.265 1.688 

Total Produced 12.186 - 46.308 

Net Gain 10.860 -0.265 44.620 
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Figure 25: Comparison of glycerol reformation rates needed for equivalent power production using 

the original Chevrolet 350 and the Yanmar L100V engines [82]. 

In this scenario, a small biodiesel production facility utilizing this optimized process would be 

able to provide suitable power to run the entirety of the reformation process off biodiesel and reformed 

syngas, while only utilizing 10.88% of the total glycerol by-product and 3.65% of the biodiesel. 

Increasing power production to exhaust the supply of glycerol could be possible by operating the engine 

at peak load (and efficiency) to produce 279.7 kWh of energy. Using up the entirety of the glycerol 

supply in this manner would take approximately 82 hours, and require the use of 2.17 additional gallons 

of water while consuming another 16.82 gallons of biodiesel fuel. 

The primary obstacle for this process is the large variation in the required glycerol reformation 

rate from 5.3% of rated load during the fluid transfer process to 100% during the 2nd oil filtration stage. 

However, a potential solution could be the inclusion of battery-electric charging, keeping the engine 

running at or near 100% of rated engine load, thus, maximizing its efficiency. This system could then 

discharge the batteries when a relatively lower energy supply is required. Alternatively, the Yanmar could 

be kept running at rated load at all times, and any excess power could be used for other purposes or 

diverted to the electrical grid and sold via a net metering scenario. 
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3.6 Conclusions 

Glycerol reformation into a hydrogen-rich syngas that is subsequently burned for energy 

generation provides a means to power a biodiesel production facility. Usage of this syngas within a CI 

engine is possible with minimal engine modifications through dual-fuel usage with biodiesel. The 

behavior of this dual-fuel combustion is largely a function of the quantity of syngas being utilized, along 

with the engine load. Increasing the amount of syngas leads to a growth of cylinder peak pressure, 

subsequently increasing the amount of pre-mixed combustion. This is due to the effects of the syngas 

homogenizing the fuel content throughout the cylinder, promoting prompt combustion. Despite these 

changes, the net change in ignition delay is minor as ESR increases because of the high auto-ignition 

temperatures of hydrogen and methane (the primary fuels in the syngas); hence, minimal adjustments to 

injection timing are required to maintain efficient engine operation, and the most important aspect to the 

prediction of ignition timing is through the preparation of the biodiesel fuel pilot. 

Changes in fuel consumption of biodiesel and syngas are linear with respect to changes in ESR, 

and overall fuel and energy consumption increases with ESR as engine volumetric efficiency (and overall 

oxygen content) decreases, inhibiting the dual-fuel combustion process. This, along with a transition to 

flame-propagation controlled combustion, leads to increased methane, hydrogen, and THC emissions. 

Furthermore, emissions of PM increase with engine load, but decrease significantly with added ESR due 

to the lesser amounts of liquid fuel injected and the transition from heterogeneous to homogeneous 

combustion. Emissions of NOx compounds were subject to complex behaviors and (on average) were 

unchanged as ESR increased. Most significantly, emissions of NO2 were dominant and generally 

increased with ESR. Overall, relatively low ratios of NO to NO2 were emitted for all ESRs tested, except 

at high engine loads. This behavior is largely due to the nature of the syngas combustion (i.e., 

homogeneous flame propagation) that smooths the temperature gradient by moving combustion away 

from the fuel spray region, leading to an increase in flame quenching near the wall. This behavior may 

change at higher loads, where in-cylinder temperatures may begin to favor NO over NO2. 
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Glycerol reformation using previously established techniques produces 24.80 kWh worth of 

syngas for every gallon of glycerol used. This reformation effectiveness is a useful tool for sizing the 

operation of a biodiesel production facility. Optimization of dual-fuel combustion for an appropriately 

sized facility using the tested single-cylinder engine leads to significant increases in process efficiency 

over previous efforts. Only 10.88% of the total glycerol by-product generated and 3.65% of the biodiesel 

produced by the biodiesel facility is required for self-sufficiency. However, the significant variation in 

glycerol reformation rates suggests the requirement of a battery storage system or connection to the 

electrical grid to sell the excess power in a net metering scenario for more efficient engine utilization. 

Ultimately, the potential exists for efficient power production from dual-fuel operation with biodiesel and 

syngas, with a single-cylinder CI engine useful for small-scale biodiesel production. 
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Chapter IV: Diesel Engine Knock and Noise Analysis 

Material published as ñComparison of Injection Systems with Respect to Compression Ignition Engine 

Knock,ò SAE International, Technical Paper 2018-01-0219, April 10th, 2018 

4.1 Abstract 

Diesel knock and ringing combustion in compression ignition (CI) engines are largely an 

unavoidable phenomenon and are partially related to the overall effectiveness of the fuel injection process. 

Modern electronic fuel injection systems have been effective at reducing the intensity of knock in CI 

engines, largely through optimization of fuel injection timing, as well as higher operating pressures that 

promote enhanced fuel and air mixing. In this effort, a single-cylinder CI engine was tested under a 

number of different combustion strategies, including a comparison of mechanical and electronic injection 

systems, increasing fuel injection pressures for biodiesel fuels, and the usage of dual-fuel combustion 

with compressed natural gas (CNG). Using in-cylinder pressure traces and engine operational data, the 

difference in injection mechanisms, fuel preparation, and their effects on knock intensity is clearly 

illustrated. This allows a means of comparison across multiple engine combustion modes, including 

mechanical vs. electronic injection, injection of various fuels through a common injection system, and 

standard operation against dual-fuel operation. In particular, the effect of higher injection pressures and 

fuel flow rates on reducing knock in some cases is highlighted. In addition, cyclic variability in the 

severity of ringing combustion appears to be a function of the ability of the fuel system to re-pressurize 

between engine cycles. This offers a potential means to provide for diagnosis of engine fuel pressurization 

system deficiencies through variability in ringing combustion, even if these deficiencies would not be 

discernible from normal measured operational characteristics. 

4.2 Introduction  

Within spark ignition (SI) internal combustion engines, unwanted autoignition of the fuel-air 

mixture, aka knock, is a constant, but controllable, side effect of combustion [1, 110]. While usually 
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easily mitigated, uncontrolled or prolonged engine knocking can result in increasing damage to the engine. 

Compression ignition (CI) engines also suffer from a more limited form of knock, as while spontaneous 

ignition of the entire fuel-air mixture at once is highly unlikely, smaller pockets of fuel and air will still 

produce a milder (but still potentially damaging) autoignition if heavily compressed by combustion [111, 

112]. Therefore, it is of importance to characterize the severity and intensity of engine knock within CI 

engines. 

One common indicator of knocking combustion, particularly for CI engines, is the formation of 

high frequency pressure waves [1]. These waves are characterized as pressure ringing; hence, CI engine 

knock is often known as ringing combustion. This knocking behavior is largely linked to premixed 

combustion and subsequent rapid pressure rises; thus, CI knock is extremely common. These pressure 

oscillations can be readily observed within in-cylinder pressure traces, as a waveform visible on the 

trailing edge of the pressure rise from combustion (see Figure 26) [1]. 

 
Figure 26. In-Cylinder Pressure Traces for a CI engine undergoing various amounts of knocking 

combustion [113]. 

This behavior is further accentuated in CI engines operating under dual-fuel regimes, often with 

the addition of gaseous fuels like compressed natural gas and hydrogen-rich syngas [114]. In these cases, 

the rising amount of fuel energy provided by the gaseous fuel leads to an increase in the amount of fuel 

prepared for combustion at ignition, as gaseous fuels do not have to undergo injection, atomization, or 
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vaporization like liquid hydrocarbon fuels. Therefore, with more fuel prepared prior to ignition, premixed 

combustion is enhanced. While this would normally be advantageous by smoothing the in-cylinder 

pressure rise from combustion, these gaseous fuels typically have higher autoignition points. Therefore, 

they will only autoignite due to compression from combustion, and not from the compression stroke of 

the engine. As a result, if gaseous fuels experience engine knock at all, the process will generally be much 

more intense than during operation consisting of only liquid fuels. 

The frequencies of knocking combustion are identified through the creation of a signal power 

spectrum from the in-cylinder pressure trace, commonly using Fast Fourier Transform (FFT) algorithms. 

Figure 27 showcases one such power spectrum of a single-cylinder engine under operation at 3300 RPM 

and 75% load. Areas where the emission spectrum peaks represent frequencies of particularly strong 

signals within the unfiltered dataset; here, the local peaks occur at 0.63, 6.2, 9.5, and 12.9 kHz. These 

individual signals are largely washed out of the dataset without filtering, due to the overwhelming 

presence of lower-frequency signals. Here, the primary signal is at 27.5 Hz, corresponding to the 

compression, combustion, and expansion events occurring once every two cycles at 3300 RPM (55 Hz). 

Other local peaks have the potential to wash out the high-frequency signals within the dataset, such as the 

signal at 0.63 kHz due to fuel injection. Therefore, in order to remove the influence of the low-frequency 

signals, a filter is required, ideally a high-pass or band-pass filter to remove frequencies below 4-6 kHz 

[1]. 

Overall, since CI knock is a function of the amount of premixed combustion present in a given 

engine cycle, knock can be characterized as being dependent on the controllable parameters affecting the 

onset and intensity of combustion; injection pressure, injection timing, and fuel flow rate. Generally, 

experimentation has shown that increasing or advancing these operational parameters leads to a growth in 

knocking combustion [111, 112, 115-117]. 
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Figure 27. Sample power spectrum of a Yanmar L100V operating at 3300 RPM and 75% of rated 

load, from measured pressure trace. 

Two primary strategies governing fuel injection have been commonly implemented on CI 

engines; mechanical fuel injection, and common-rail electronic injection technologies. Older mechanical 

systems are driven entirely by their parent engines via the crankshaft or timing belt, and are relatively 

simpler to manufacture and use. While mechanical injection is no longer utilized for modern automotive 

applications, they are still in use within generators or aircraft engines, where engine operation is typically 

limited to a relatively small speed range and finer engine controls are either prohibitively expensive or 

simply unneeded [35]. Such mechanical systems typically operate at lower injection pressures than 

modern systems. In addition, mechanical injection pump systems are largely limited to a single injection 

event per engine cycle [35]. As such, the static and unchanging nature of mechanical systems means they 

can be manufactured to avoid knock, but also lack any techniques to mitigate knock should it occur. 

Modern electronic injection systems are computer-controlled, utilizing the engine control unit 

(ECU) to modulate fuel flow rate into the cylinder. Utilizing direct electronic control allows for fine 

control of an engine over wide speed and load ranges [35]. As a result, variable injection timings and 

higher injection pressures may be utilized. Furthermore, modern electronic systems have the ability to 

undergo multiple injection events per engine cycle. A negative result of this, though, is that increased 
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injection pressures may lead to more intense CI knock. However, this is commonly mitigated by utilizing 

pilot injections to smooth the rise in pressure during the premixed spike. 

This work details a direct comparison between mechanical and electronic injection knock within 

a high-compression ratio, single cylinder CI engine, with the electronic injection system undergoing only 

one injection event per cycle to increase the parity between the two operational modes. As such, the 

advantages of electronic fuel injection technologies over mechanical technologies with respect to knock 

are highlighted. At the same time, the potential dangers associated with the electronic system are also 

made apparent, particularly at midrange engine loads where premixed combustion is most readily 

apparent. Furthermore, findings in relation to fuel injection pressure and CNG-assisted diesel combustion 

for the electronic injection system are presented highlighting the impact of fuel preparation on knock. 

4.3 Experimental Setup 

To investigate the effects of injection strategy on ringing combustion and engine knock, engine 

testing on the same single cylinder engine was accomplished. The characteristics of the engine, a Yanmar 

L100V coupled with a DyneSystems Dymond Series alternating current (AC) dynamometer, are given in 

Table 10, while a comparison of the two injection systems is provided in Table 11. Of note, all tests 

utilized ultra-low sulfur diesel (ULSD) with a density of 837 kg/m3, and a lower heating value of 41.53 

MJ/kg. In addition, the engineôs standard exhaust gas recirculation (EGR) port in the cylinder head was 

blocked. 

Engine operation was monitored through a National Instruments (NI) LabVIEW program, 

gathering data at 10 Hz over two minutes. A second LabVIEW system was utilized for capturing the in-

cylinder pressure trace, recording 60 consecutive engine cycles (or 120 revolutions), at a resolution of 

0.2̄  of crank angle [73]. A third NI system was also utilized to log emissions data from an AVL SESAM-

FTIR emissions analyzer. While not presented here, this emissions data was collected at a rate of 1 Hz 

over a five minute period, and was used to characterize the cyclic combustion efficiency values utilized in 
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calibrating a model to calculate the engine-out rate of heat release (RHR) utilized within this work [13, 

118]. 

Table 10. Engine and Dynamometer Specifications [73]. 

Engine Manufacturer/Model Yanmar L100V 

Type Vertical Direct-Injected 

Intake Naturally Aspirated 

Cooling Air-Cooled 

Cycle 4-Stroke 

Displacement [cc] 435 

Number of Cylinders  1 

Number of Valves 2 (1 intake, 1 exhaust) 

Bore [mm] 86 

Stroke [mm] 75 

Connecting Rod Length [mm] 118 

Crank Radius [mm] 38 

Clearance Volume [cm3] 21.611 

Piston Area [cm2] 58.088 

Compression Ratio 21.2 

Continuous Rated Output [hp] 8.3 

Rated Speed [RPM] 3600 

Engine Oil Used Shell 15W-40 

Dynamometer Manufacturer/Model DyneSystems, Inc. Dymond Series 12 

Continuous Rated Torque [N-m] 28.61 

Continuous Power [hp] 12 

Maximum Speed [RPM] 7500 

Voltage [VAC] 480 

Phase Three Phase 

Frequency [Hz] 60 

Controller DyneSystems, In. Linter-Loc V OCS 

 
Table 11. Fuel Injector System Comparison [35, 73]. 

Type Mechanical  Electronic 

Part # 71430-53100 0-445-10-183 

Injection Timing [̄  BTDC] 15.5 Variable 

Injection Pressure [MPa] 19.8 Variable, under 200 

Controller Engine Governor Bosch MS15.1 ECU 

 
Engine torque is measured with a FUTEK transducer (Model #TRS-705) installed between the 

engine output and dynamometer input shafts. Fuel flow is measured through a Micro-Motion Coriolis 

flow meter (Model #CMF010M), and inlet air flow is catalogued through a Merriam laminar flow 

element (Model #50MW20-2) with an Omega differential pressure transducer (Model #PX277-30D5V). 

A combination of a Kistler pressure transducer (Model #6052c) and encoder (Model #2614B) are utilized 
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to acquire in-cylinder pressure measurements. Further hardware specifications for this experimental setup 

may be found in Langness et al. [73]. 

Operation with the mechanical injection system was achieved at 3600 RPM, with the speed 

determined by the constraints of the mechanical injector and the engineôs built-in speed governor. Engine 

load control was provided by the AC dynamometer with the built -in governor responding to the 

dynamometerôs load by increasing or decreasing the required fuel flow rate [35, 119]. The mechanical 

injector and speed governor were later removed in favor of the electronic injection system controlled by a 

Bosch MS15.1 ECU, with ECU monitoring and operation provided by Bosch Modas Sport. Here, engine 

operation was reduced to 1800 RPM, and the AC dynamometer was instead used to control engine speed. 

Engine load was adjusted directly by the user through an engine torque command, causing the ECU to 

increase or decrease in fuel flow rate in order to meet the required demand. Engine injection timings were 

adjusted in order to keep the engine operating at maximum brake torque (MBT) for that engine load [16]. 

The electronic injection system was also held to an operating pressure of 42°0.5 MPa unless otherwise 

noted. 

To facilitate combustion of gaseous fuels for dual-fuel operation, bottled gaseous fuels are 

introduced to a mixing box mounted on the intake-side of the engine, allowing for adequate mixing of 

gaseous fuel and fresh air to create an essentially homogeneous mixture [43, 73]. Flow of gaseous fuels 

are controlled and monitored through a Brooks mass flow controller (Model #SLA5850s) mounted 

between the gas cylinder and mixing box [73]. 

The engine was operated at a fraction of the rated engine load at each speed, which was 18.0 N-m 

for both operational settings [16, 119]. The fractions of engine load, therefore, are referred to as idle (0.5 

N-m, to reduce the variability of testing an óunloadedô engine), 25% (4.5 N-m), 50% (9.0 N-m), 75% 

(13.5 N-m), and 100% (18.0 N-m). Engine operation was monitored until the engine reached steady-state 

operation, characterized as a change in exhaust and oil temperatures of less than 1% over a 60 second 

period [73]. The engine was run with only a single injection event per cycle so as to provide a direct 
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comparison between the two injection systems, as the mechanical system is limited to only a single 

injection event per cycle.  

Filtering of the in-cylinder pressure traces was achieved through application of a high-pass filter 

to attenuate frequencies below 4 kHz [1]. For each individual experiment, the high-pass filter was applied 

to each of the 60 individual engine cycles in order to maintain the oscillatory behavior of each cycle. 

After filtering, the highest amplitude of oscillation within the pressure trace in the vicinity of top dead 

center (i.e., excluding valve events) was catalogued for each cycle. Finally, the average and standard 

deviation of oscillation for each experiment were calculated. Design and application of the filter was 

achieved through the filtfilt  and fft commands within MATLAB, respectively. In addition to the pressure 

filtering, the pressure data was run through a MATLAB program developed by Shahlari et al. in order to 

calculate the amount of combustion noise present in engine operation [120]. 

4.4 Comparison of Mechanical and Electronic Injection Systems 

Figure 28 shows the pressure traces for each injection system, and each engine load, given as a 

function of crank angle. At idle and 25% load (see Figure 28(a) and (b)), the deviation between in-

cylinder pressure is due entirely to the difference in injection timings, injection pressures, and in-cylinder 

temperatures. In particular, while the electronic injection system is optimized for each engine load 

individually (10-12.5̄  BTDC), the mechanical injection system is reliant on a static injection timing that 

is held constant across all engine loads (15.5 ̄BTDC). 

This delay in injection timing for the electronic system results in slightly later atomization, 

despite the differences in injection pressure. This deviation decreases as engine load increases, to the 

point that the pressure traces are nearly identical past 50% load, likely related to the fact that the 

mechanical injection system was optimized for the higher engine loads (i.e., its injection timing was set to 

achieve MBT at 100% of rated engine load). When the electronic system was installed, optimal injection 

timings for each engine load had to be reacquired. As a result, the deviation between the mechanical and 

electronic injection systems is likely a combination of possible error in the MBT analysis, and inability of 
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the mechanical injection system to achieve optimal operation at lower loads. In either case, this deviation 

decreases substantially as engine load increases, indicating that the MBT analysis approaches the factory 

optimization of the engine with added load. 
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Figure 28. Measured in-cylinder Pressure Traces with respect to Crank Angle for (a) 0%, (b) 25%, 

(c) 50%, (d) 75%, and (e) 100% load for mechanical and electronic injection systems. 

In addition, peak cylinder pressures near TDC for operation with the mechanical injection system 

are slightly higher than those of operation with the electronic system, approximately 0.5-0.8 bar. This 

effect is assumed to be due to the decreased engine speed (leaving more time for heat transfer in the 

vicinity of TDC, albeit at a lower level of turbulence) when testing with the electronic injection system, 

and tends to decrease with engine loading as the engine comes up to higher operational temperatures. 

Figure 29 shows the RHR of the engine for each injection system as a function of crank angle. 

For every operational load, it can be seen that the mechanical injection system experiences slightly more 

diffusion-based combustion. In both systems, diffusion-dominated combustion is a function of 

increasingly poor fuel mixing and atomization, as the engine struggles to inject and prepare enough fuel 

prior to (and sometimes during) the premixed combustion phase. The difficulties of the mechanical 

injection system are due in part to its lower injection pressure, which limits the ability of the fuel to 

atomize and vaporize as a part of the physical ignition delay process. In addition, the higher speed of 

testing with the mechanical injection system provides a smaller window of time for the injected fuel to 

prepare fully prior to the onset of combustion; although increased levels of turbulence will facilitate 

enhanced mixing. However, the mechanical injection system also injects earlier adding to the necessary 

time required to prepare the fuel. 
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For the electronic injection system, increasing load up to 9.0 N-m leads to a direct increase in the 

premixed combustion phase, with a limited growth in the amount of diffusion burn. Above 9.0 N-m, the 

electronic system begins to encounter the same ignition delay issues as the mechanical system; i.e., not 

enough fuel can be added to the cylinder prior to the onset of combustion. Thus, at 13.5 and 18.0 N-m, the 

engine experiences a limitation in the peak RHR from the premixed spike, and whatever additional energy 

is required to meet the given load must come from diffusion-dominated combustion. As a result, despite 

the difference in engine speed and injection strategy, the RHR at 18.0 N-m for the two engine injection 

systems begins to resemble each other. 
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Figure 29. Rate of Heat Release with respect to Crank Angle for (a) idle, (b) 25%, (c) 50%, (d) 75%, 

and (e) 100% load for mechanical and electronic injection systems. 

The overall cycle-averaged noise for the mechanical and electronic injection systems is shown in 

Table 12, calculated using an algorithm by Shahlari et al. [120]. While the mechanical and electronic 

injection systems will deviate in terms of overall engine noise relative to each other (due to the change in 

engine speeds), the noise from combustion itself should remain relatively consistent with respect to 

changing engine speeds. As a result, in order to remove the effects of engine speed, only combustion 

noise is considered, which is calculated directly from the pressure trace. Between the mechanical and 

electronic injection systems, the mechanical system has a higher amount of combustion noise, indicative 

of higher degrees of knock and ringing combustion. For each system, the overall combustion noise 

increases from idle to 50% of rated load, and then is reduced from 50% to 100% of rated load. This is 

consistent with the RHR results, and indicates a rise in combustion noise (and likely CI knock) as a 

function of the magnitude of the premixed combustion phase. Past 50% load, diffusion-dominated 

combustion contributes a significant amount to the total fuel heat release, and thus a lower amount of 

combustion noise, indicative of less engine knock relative to operation at 9.0 N-m. 
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Table 12. Cycle-averaged Combustion Noise for mechanical and electronic injection systems. 

Engine Load [N-m] Noise (Mech. Inj.) [dB] Noise (Elec. Inj.) [dB] 

0.5 95.65 87.14 

4.5 98.96 92.17 

9.0 100.20 93.61 

13.5 99.99 92.79 

18.0 98.00 90.98 

 
The average pressure traces for the engine after filtering is applied, as well as the peak amplitude 

of oscillation for each individual engine cycle, are shown for idle (Figure 30), 25% (Figure 31), 50% 

(Figure 32), 75% (Figure 33), and 100% (Figure 34) of rated engine load. In addition, the average peak 

amplitude across the 60 thermodynamic cycles, and the absolute and relative standard deviation in those 

peak amplitudes for mechanical and electronic injection, are provided in Table 13 and Table 14, 

respectively. 

At engine idle, the engine is unsurprisingly operating with the least amount of ringing combustion, 

with the average amplitude of engine ringing being the lowest for both the mechanical and electronic 

systems. Here, the mechanical system experiences ringing oscillations of approximately 2.90 bar, while 

the electronic system only experiences 1.03 bar of oscillations. This muting in ringing is directly related 

to the low flow rate of fuel entering the engine, and the ease with which both injection systems can 

adequately mix the fuel. This lesser amount of ringing combustion is also evidenced by the relatively 

small standard deviation away from the average (±0.40 and ±0.36 bar for mechanical and electronic, 

respectively). In this case, while the engine cyclic variability is relatively high (mainly as a function of the 

low engine load), this variability does not appear to translate into absolute variability of combustion 

ringing. However, while oscillations are smaller in an absolute sense, the relative standard deviation (as a 

percentage of the total knocking amplitude) is more significant in the electronic system than the 

mechanical system. While this relative variability in the electronic injection is the most extreme among all 

loads tested, it is likely that the engineôs low load is making a significant contribution to the amount of 

variability seen in the pressure oscillations of both injection systems, and thus skewing the variability of 

the knock readings. 
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Table 13. Magnitude of pressure oscillations for engine operation with mechanical injection. 

Engine Load [N-m] 
Average Ringing 
Amplitude [bar] 

Standard Deviation of 
Ringing [bar] 

Relative Standard 
Deviation [%] 

0.5 2.90 0.40 13.91 

4.5 4.99 0.59 11.84 

9.0 5.37 0.76 14.16 

13.5 4.24 0.57 13.44 

18.0 3.92 0.59 15.16 

 
Table 14. Magnitude of pressure oscillations for engine operation with electronic injection. 

Engine Load [N-m] 
Average Ringing 
Amplitude [bar] 

Standard Deviation of 
Ringing [bar] 

Relative Standard 
Deviation [%] 

0.5 1.03 0.36 34.51 

4.5 1.92 0.55 28.27 

9.0 2.11 0.73 34.36 

13.5 1.87 0.50 26.61 

18.0 2.01 0.58 28.74 
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Figure 30. Averaged pressure oscillations (a) and cyclic peak oscillation (b) at 0.5 N-m. 

At 25% engine load, ringing combustion increases significantly, with the mechanical system 

experiencing an average amplitude of 4.99 bar, and the electronic system encountering 1.92 bar. 

Variability between the mechanical and electronic systems also grew, with standard deviations of ±0.59 

and ±0.55 bar, respectively. In both systems, increasing the fuel flow rate results in a significant 

intensification of the amount of energy added to the cylinder, augmenting the amount of premixed 

combustion and adding to the severity of knock. Both injection strategies are dealing with a relatively low 



93 
 

amount of overall fuel added to the cylinder, and so unburned atomized fuel is less likely to exist in the 

periphery of the cylinder in sufficient quantities and air/fuel ratios to lead to significant knock. As a result, 

ringing combustion remains relatively minor. Again, the relative variability of engine knock is more 

significant for the electronic injection system. 
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Figure 31. Averaged pressure oscillations (a) and cyclic peak oscillation (b) at 4.5 N-m. 

At 50% of rated load, the engine experiences the most variable and violent ringing combustion of 

all of the engine loads tested, in keeping with the combustion noise and heat release data. Here, the 

mechanical and electronic systems encounter wave oscillations at amplitudes of 5.37 and 2.11 bar, 

respectively. In addition, the standard deviation of ringing amplitude between engine cycles of the 

mechanical and electronic systems amount to ±0.76 and ±0.73 bar, respectively. While the two systems 

experience relatively equal variability in an absolute sense, the unevenness of the electronic system is 

much greater relative to its average amplitude of oscillation.  

In both systems, the fuel is relatively well-mixed, resulting in conditions highly prone to engine 

knock. Similar to the previous load, the higher average amplitudes of cylinder pressure oscillations is 

indicative of the added energy content. While the electronic system still outperforms its mechanical 

competition in terms of mitigating engine knock, its high cyclic variability may be related to the relative 

operating pressures of the two fuel systems. The mechanical system experiences a lower peak operating 
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pressure; hence, the fall in line pressure due to the injection event is relatively easier to overcome in time 

for the next engine cycle (i.e., the engine is more likely to maintain an even injection pressure between 

cycles). In comparison, the electronic injection system, operating at around twice the line pressure, will 

experience higher changes in injection pressure, particularly as the load increases. As a result, this may 

increase the likelihood that the injector system will not be able to maintain its ideal operating pressure, 

and so the amount of variability between engine cycles increases. This then causes variation in the 

amount of fuel prepared at the onset of combustion, changing the level of the premixed combustion phase. 

In essence, while the electronic fuel injection system is generally better able to mitigate the various 

effects that lead to engine knock, it is also less able to do so in a consistent manner. This is also 

demonstrated by the operation of the mechanical system, where the difference in relative variation 

between cycles is at its largest (other than at idle), further highlighting the relatively high amount of 

cyclic variation within the mechanical system (see Table 13 and Table 14). As the fuel flow rate into the 

cylinder increases, the pressures within both injection systems are less able to maintain consistent 

operation. 

-4

-3

-2

-1

0

1

2

3

4

-20 -15 -10 -5 0 5 10 15 20

Mechanical
Electronic

P
re

s
s
u

re
 (

b
a
r)

Crank Angle (deg)

(a)

0

1

2

3

4

5

6

7

8

0 10 20 30 40 50 60

Mechanical
M. Avg

Electronic
E. Avg

K
n

o
c
k
 A

m
p

lit
u

d
e

 (
b

a
r)

Cycle Number

(b)

 
Figure 32. Averaged pressure oscillations (a) and cyclic peak oscillation (b) at 9.0 N-m. 

Compared to 50% load, pressure oscillations at 75% load are much less pronounced, with the 

mechanical and electronic systems experiencing an average of 4.24 and 1.87 bar oscillation, respectively. 
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This again reflects the decrease in combustion noise seen for operation with both injectors (see Table 12). 

As mentioned before, this decrease is likely due to the onset of significant diffusion-dominated 

combustion for both injection systems. This slightly stifles ringing combustion by spreading out the rate 

of combustion and muddying the pressure oscillations. In addition, the smoothing of knock also reduces 

the overall cyclic variability of the oscillations, with standard deviations of ±0.57 and ±0.50 bar across the 

60 cycles examined for mechanical and electronic injection, respectively. Relative cyclic variability is 

also reduced from 50% load, although the variability in the electronic system is still larger relative to the 

average oscillation. 
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Figure 33. Averaged pressure oscillations (a) and cyclic peak oscillation (b) at 13.5 N-m. 

In comparison to operation at 75% engine load, when increased to 100% load the amplitude of 

pressure oscillations decrease for the mechanical injection system (3.92±0.59 bar); however, the 

oscillations for the electronic system increase slightly (2.01±0.58 bar). Lower calculated noise values 

suggest that the increased level of diffusion-dominated combustion for both injection strategies helps to 

stifle CI knock. The increase seen in the ringing amplitude for the electronic case is likely a function of 

the advancement of injection slightly to achieve MBT (from 10̄  BTDC at 13.5 N-m to 11̄  BTDC at full 

load). As a result, more fuel is prepared in time for the initial premixed phase, followed by relatively good 

mixing of the later injected fuel, and a higher and earlier diffusion burn phase (see Figure 29(e)). Thus, 
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engine knock experiences a high initial oscillation due to the high amount of premixed fuel in the cylinder 

(and which may actually be more severe than in operation at 75% load), but this effect is immediately 

stifled (or potentially hidden) by more intense diffusion burn, resulting in the lower ñaveragedò engine 

knock and combustion noise of the cycle. Finally, because of the need to add significantly more fuel to 

achieve 100% load, the standard deviation of ringing increases for both injection strategies over 75% load 

as the fuel lines require continual re-pressurization. 
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Figure 34. Averaged pressure oscillations (a) and cyclic peak oscillation (b) at 18.0 N-m. 

Overall, the electronic injection system generally outperforms its mechanical counterpart. Initial 

inspection would expect the electronic injection system and its greater premixed burn phase to result in a 

larger level of CI knock. However, the ability of this injection system to increase atomization and 

homogeneity throughout the cylinder will lead to a more global (aka uniform) equivalence ratio. Hence, 

the packets of greater fuel-to-air ratios in the mechanical system can lead to local events of a more 

energetic (and noisy) combustion process. The trends with load between the two injection systems are 

similar as noise/ringing amplitude grows to the point of maximum pre-mixed burn and then falls due to a 

stifling effect of diffusion-dominated combustion. However, the electronic injection system undergoes a 

relatively higher cyclic variability in the magnitude of the pressure oscillations, ranging from 26.6% to 

34.5%; opposed to only 11.8% to 15.2% for the mechanical injection system. This may be related to the 
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pressurization requirement in the fuel injector line. For the mechanical unit injection system, a lower 

pressure is required and the system can achieve this more readily. Whereas, in the electronic system, the 

relatively high pressure required results in more oscillations within the line subsequently finding their 

way into the ringing pressure analysis. As a result, operation of the electronic injection system with 

increased injection pressures at the same speed and load should lead to the presence of more intense 

knocking combustion as the injector system undergoes more cyclic oscillation, and fuel is prepared more 

quickly leading to a greater rate of pressure rise. This will also lower the amount of diffusion burn present 

in the cylinder that serves to stifle or mask the severity of ringing combustion. 

4.5 Electronic Injection Pressure Variation 

To further explore the nature of injection pressure on engine knock, the authors have considered a 

separate data set concerning variation in fuel injection pressure as a means to normalize biodiesel 

combustion [121]. Since biodiesel fuels typically have higher viscosities, they tend towards greater 

degrees of diffusion burn than ULSD under the same engine operating conditions. This manifests as a 

lower premixed spike apparent within the RHR, and as a lower overall peak operating pressure when 

utilizing fuel blends with higher biodiesel contents. Therefore, biodiesel fuels require greater fuel 

injection pressures in order to counteract the negative aspects of their higher viscosities; however, these 

same higher injection pressures may introduce more significant knocking combustion. 

For these tests, the Yanmar L100V engine was operated using neat and blended Waste Cooking 

Oil (WCO) biodiesel, with ULSD as a control fuel. The properties of these various fuels are shown in 

Table 15 [121]. In each case, the engine was operated at 1800 RPM, and the injection pressure was 

increased from the control pressure (50.0 MPa) until the peak operating pressure of the engine matched 

that of the engine operating on ULSD. In all cases, injection timings were adjusted in order to maintain 

the same timing of peak pressure as was achieved with ULSD operation. For brevity, only the results of 

the fuel blends containing 20% biodiesel content or higher at 9.0 and 18.0 N-m are presented, as it is at 
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these loads that the interactions between fuel injection pressure, premixed combustion, diffusion burn, 

and engine knock are all significant and highly visible within the available data. 

Table 15. ULSD and biodiesel fuel properties. 

Characteristic ULSD W20 W50 W100 

Biodiesel Composition [%] 0 20 50 100 

Density [kg/m3] 837.58 848.66 859.66 878.00 

Kinematic Viscosity [cSt] 2.74 2.85 3.39 4.61 

Dynamic Viscosity [cP] 2.31 2.42 2.91 4.05 

Cetane Number [-] 48.61 49.45 50.71 52.80 

Lower Heating Value [MJ/kg] 45.60 43.78 40.94 36.21 

Energy Density [MJ/m3] 38.42 37.15 35.19 31.79 
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Figure 35. Measured In-Cylinder Pressure Traces (a) and Calculated Rate of Heat Release (b) with 

respect to Crank A ngle for engine operation with high-percentage blends of ULSD and WCO 

biodiesel at 9.0 N-m. 

At 9.0 N-m, the changes in in-cylinder pressure and overall RHR between differing fuel injection 

pressures are not readily apparent, except for the most extreme case (i.e., neat biodiesel, see Figure 35). 

Here, an increase in fuel viscosity leads to a subtle downward shift in peak cylinder pressure for constant 

fuel injection pressures, as well as a slightly depressed peak RHR. However, for all fuels tested, once the 

injection pressure was raised, peak cylinder pressures were brought back into the window expected from 

ULSD combustion, and peak RHR was raised slightly higher than that of ULSD. In all cases, this 

indicates that the injector is able to meet the demand for entirely premixed combustion. However, at the 
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same time the slight rise in diffusion burn for the neat biodiesel tests at 50.0 MPa illustrates that the 

injector is at its ideal performance limit, in that any further fuel flow rates will add to the diffusion-

dominated regime, rather than the premixed spike. 

Using both the standard filtering, as well as the algorithm developed by Shahlari et al., the 

magnitude of pressure oscillations and the cycle-averaged combustion noise were calculated and provided 

in Table 16. Overall, increasing biodiesel content and fuel viscosity was met with a decrease in average 

ringing amplitude and combustion noise intensity, likely pointing to the growth of diffusion-dominated 

combustion. By comparison, when fuel injection pressures rose to mimic the performance of ULSD, 

average ringing amplitude increased overall, and generally approached or slightly exceeded the knock 

performance figures of ULSD. This indicates a more severe ignition event as more fuel is injected and 

prepared, as to be expected. In addition, deviation in ringing also increased, pointing to higher cyclic 

variability related to the injection system struggling to maintain greater injection pressures, and a larger 

operational variation in pressure cycle-to-cycle (i.e., due to the difference in line pressure between the 

start of injection and immediately following it). With the pressure adjustment, combustion noise also rose, 

but stayed universally lower than combustion noise with ULSD (and slightly higher than combustion 

noise at lower injection pressures for the same loading, as shown in Table 11). Altogether, this 

information points to the injection pressure increase performing almost exactly as intended. In specific, 

increasing the fuel injection pressure for biodiesel fuels to mimic ULSD performance comes with both 

positive (i.e., higher RHR, less diffusion burn, higher cylinder pressures) and negative (i.e., greater knock 

from a larger premixed combustion) aspects. 

Table 16. Pressure oscillations and combustion noise with biodiesel blends at 9.0 N-m. 

Fuel Used 
Injection 
Pressure 
[MPa] 

Average Ringing 
Amplitude [bar] 

Standard 
Deviation of 
Ringing [bar] 

Combustion 
Noise Intensity 

[dB] 

ULSD 50.0 2.48 0.63 94.36 

W20 50.0 2.35 0.70 94.11 

W50 
50.0 2.05 0.50 93.04 

54.5 2.30 0.54 93.67 

W100 
50.0 1.79 0.46 91.53 

63.0 2.50 0.65 93.95 
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This same analysis was repeated for operation at 18.0 N-m, where diffusion-dominated 

combustion with all fuels is significantly more pronounced, with the pressure trace and RHR from 

experimentation presented in Figure 36. Here, the effects of viscosity are apparent, as the more viscous 

fuels suffer from lower peak cylinder pressures, lower peak RHR, and a more pronounced diffusion burn. 

This is all due to the inability of the injector to meet the engineôs demand for fuel. However, like the cases 

at 9.0 N-m, increases in injection pressure are largely able to increase fuel atomization and breakup, such 

that the higher-viscosity fuels can still be made to perform similarly to ULSD.  

Again, both the standard filter and Shahlari, et al. algorithm were used to evaluate the intensity of 

ringing and combustion noise, with results presented in Table 17. It should also be noted that engine 

operation, across the board, is on the order of 3 dB quieter than equivalent operation at 9.0 N-m. In 

addition, average ringing amplitude and ringing deviation are both largely equivalent to operation at 9.0 

N-m, despite the increase in fuel flow rate and peak cylinder pressure. In both cases, this is due to the 

overall increase in diffusion-dominated combustion for operation beyond 9.0 N-m leading to an overall 

stifling of ringing combustion, and masking deviation in ringing normally associated with higher fuel 

flow rates. 
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Figure 36. Measured In-Cylinder Pressure Traces (a) and Calculated Rate of Heat Release (b) with 

respect to Crank Angle for engine operation with high-percentage blends of ULSD and WCO 

biodiesel at 18.0 N-m. 
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Table 17. Pressure oscillations and combustion noise with biodiesel blends at 18.0 N-m. 

Fuel Used 

Injection 

Pressure 

[MPa] 

Average 

Ringing 

Amplitude [bar] 

Standard 

Deviation of 

Ringing [bar] 

Combustion 

Noise Intensity 

[dB] 

ULSD 50.0 2.54 0.54 91.54 

W20 
50.0 2.09 0.62 90.88 

53.0 2.47 0.73 91.14 

W50 
50.0 2.07 0.52 89.82 

56.0 2.28 0.63 90.62 

W100 
50.0 1.66 0.45 88.74 

63.5 2.47 0.71 90.61 

Here, without an injection pressure increase, the heightened viscosity of the fuels tested leads to 

an overall decrease in pressure ringing, and a significant diminution in noise intensity. For example, the 

W100 fuel achieved a drop in combustion noise of approximately 2.80 dB in comparison to ULSD, as 

diffusion burn is raised further above that of standard operation, subsequently stifling CI knock. Like 

operation at 9.0 N-m, once fuel injection pressures are increased sufficiently enough for the biodiesel to 

approximate standard operation with ULSD, both the positive and negative aspects of this regime of 

combustion are generally achieved. In particular, higher premixed combustion is observed, leading to 

greater peak RHR and peak cylinder pressures, but this is accompanied with augmented CI knock 

amplitude, ringing deviation, and noise intensity. In addition, these negative traits all approach or 

(broadly) match those of ULSD, except for combustion noise, which generally remains below that of 

standard operation. 

Recalling the earlier discussion, it is believed that operation of the electronic fuel injection system 

at peak load should produce greater knock due to a prolonged fuel injection event during the premixed 

combustion phase; however, this combustion is being stifled and masked by the onset of significant 

diffusion burn. This effect is more visible with the change in injection pressures, and works to counter the 

potential decrease in knock from the increase in homogeneity. Raising the injection pressure leads to a 

higher fuel flow rate, increasing the amount of fuel present within the cylinder to burn in the premixed 

combustion phase. In addition, by shifting a greater fraction of the total heat release into the premixed 
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event, less fuel is available to burn within the diffusion phase. As a direct result, knocking combustion is 

less stifled from diffusion-related effects, causing a further apparent increase in the severity of ringing. 

To highlight this, it is necessary to consider combustion regimes in which the amount of fuel 

present and prepared at ignition is more extreme, leading to a more violent premixed combustion event. In 

addition, it is preferred here that fuel injection pressure be held constant, so as to remove potential 

increases to ringing from increased liquid fuel flow rates while lowering cyclic variability in engine 

knock inherent to the fuel injection system itself. 

4.6 Dual-Fuel Operation and Knock 

To highlight the relationship between knocking combustion and the amount of premixed fuel 

available in the cylinder, the authors consider a final study utilizing dual-fuel operation of ULSD with 

CNG [43]. Here, the addition of CNG does not suffer from fuel viscosity issues, as it is added to the 

intake stream as a gas. As a result, CNG requires no physical fuel breakup or atomization. In addition, 

since CNG is added to the intake stream prior to entering the engine, it is more likely to be well-mixed in 

the engine prior to combustion, subsequently increasing the amount of fuel potentially able to ignite and 

burn at the onset of combustion. Hence, dual-fuel combustion is more prone to CI knock, and so the 

amount of knock and ringing combustion will generally increase with growing amounts of CNG [43, 113, 

114]. This also means that utilizing CNG can increase cylinder homogeneity, which acts to counter 

slightly the level of CI knock by proving a more uniform (and in some cases flame-propagated) burn. 

To illustrate this, the Yanmar L100V was run at 1800 RPM using ULSD and CNG in dual-fuel 

operation, with ULSD-only operation serving as the control [43]. For a given load, the ULSD fuel flow 

rate was reduced and the CNG flow rate was increased in order to maintain a given Energy Substitution 

Ratio (ESR), or a set percentage of combustion energy provided by the CNG. Four separate CNG 

mixtures were considered, with their mixture compositions shown in Table 18. Here, fuel injection 

pressure was held constant at 50 MPa and fuel injection timings were again varied as needed to keep the 

peak pressure timings consistent across all tests. For this study, only testing at 100% of rated load is 
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discussed because this load serves to illustrate the interplay between premixed- and diffusion-dominated 

combustion phases. Moreover, it is at this load that the shift towards increasing premixed combustion 

with increasing CNG usage is most visible. 

Table 18. ULSD and CNG fuel properties [43]. 

Characteristic ULSD M87 M91 M92 M96 

Methane [%] - 87.00 91.67 92.00 96.00 

Ethane [%] - 5.10 4.08 3.50 1.80 

Propane [%] - 1.50 0.71 0.80 0.20 

Isobutane [%] - 0.29 0.01 0.15 0.30 

Nitrogen [%] - 5.60 1.00 2.85 1.30 

Carbon Dioxide [%] - 0.51 2.53 0.70 0.40 

Density [kg/m3] 837.58 0.76 0.73 0.72 0.70 

Lower Heating Value [MJ/kg] 45.60 49.50 51.48 51.62 53.50 

Energy Density [MJ/m3] - 37.30 37.30 37.30 37.30 

Ratio of Specific Heats - 37.07 36.75 36.62 36.29 

Cetane Number 48.61 - - - - 

Octane Number - 49.50 49.60 49.80 50.00 
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Figure 37. Measured In-Cylinder Pressure Traces (a) and Calculated Rate of Heat Release (b) with 

respect to Crank Angle for dual-fuel engine operation with moderate amounts of CNG at 18.0 N-m. 

As ESR is increased at full load, the peak in-cylinder pressure and RHR both grow since they are 

related directly to the higher amount of fuel fully prepared for combustion by the time ignition occurs. 

This can be seen in Figure 37 for the M91 natural gas mixture (the pressure and RHR plots for the other 

mixtures are excluded for brevity, but follow the same overall trends, and are available upon request). 

Note that the decrease in cylinder pressure at TDC prior to combustion is representative of the changing 



104 
 

mixture composition with ESR. Overall, increasing ESR leads to a lower ratio of specific heats, which in 

turn will lead to a decrease in unfired cylinder pressure [9, 43]. Necessarily, the growth in premixed 

combustion is accompanied by a decline in diffusion-dominated combustion, as more less fuel mass is 

leftover after the premixed phase is completed. 

Using the standard filter and the program by Shahlari et al., the ringing amplitude, ringing 

deviation, and combustion noise intensity were tabulated and are shown for all CNG fuels in Table 19. As 

CNG is initially added, the average ringing amplitude appears to decrease (not considering experimental 

error) even though the pre-mixed spike increases (slightly) running counter to the notion that CNG usage 

should increase CI knock. It is postulated this relatively low level of ESR may be (a) mimicking the small 

amount of fuel present from pilot injections in standard CI engines, (b) increasing the homogeneity of the 

mixture, and (c) transitioning some of the CI combustion to more like a SI flame-propagated regime all 

acting to reduce ringing amplitude. However, combustion noise does increase slightly; therefore, no 

definitive conclusion can be made at low ESR levels. For higher ESRs with larger fuel-to-air mixtures 

throughout the cylinder prior to combustion, ringing amplitude and combustion noise both grow as to be 

expected with the enlargement of the pre-mixed combustion spike. 

Curiously, the standard deviation of ringing appears to follow no overall trend with respect to 

ESR, alternatively experiencing more or less cyclic variation than standard operation with ULSD only. 

Based on the discussion from the prior sections, it would be expected that cyclic variation should decrease, 

as ULSD fuel flow rates decrease with ESR, and the injection system experiences a lower overall 

difference in pressure, aiding it in its ability to maintain a consistent pressure between cycles. Instead, it is 

possible that the growth in pre-mixed combustion with CNG mitigates the assumed reduction in injection 

pressure variability. 
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Table 19. Pressure oscillations and combustion noise for dual-fuel operation with CNG at 18.0 N-m. 

ESR (%) 
CNG 
Fuel 

Average Ringing 
Amplitude [bar] 

Standard 
Deviation of 
Ringing [bar] 

Combustion 
Noise Intensity 

[dB] 

0 N/A 2.04 0.54 90.10 

7.5 

M87 1.86 0.51 90.61 

M91 2.07 0.54 90.31 

M92 1.99 0.51 90.88 

M96 1.97 0.63 90.53 

18 

M87 2.08 0.57 91.10 

M91 1.99 0.53 91.17 

M92 1.96 0.56 90.88 

M96 2.00 0.60 90.53 

40 

M87 2.31 0.58 93.45 

M91 2.30 0.59 93.15 

M92 2.03 0.45 93.04 

M96 2.05 0.49 93.38 

 
In addition, any standard deviation in ringing combustion intensity when utilizing CNG may now 

be more indicative of engine-wide cyclic variability, rather than variability of the fuel system itself, that is 

related to a decrease in combustion efficiency when adding CNG. It then follows that, if this engine-wide 

variability can be reliably separated from the injection system variability, deficiencies in fuel system 

operation may be able to be diagnosed from the degree of knocking combustion apparent within the in-

cylinder pressure trace. Assuming a ñbaselineò of engine knocking variability may be found, any 

significant increase in cyclic variability can point to injector re-pressurization issues, even if the average 

amount of engine knock does not significantly change. 

4.7 Conclusions 

Knock in CI engines is a common destructive phenomenon, necessitating advanced fuel injection 

strategies. Using a spectral analysis and filtering, as well as combustion noise calculation, the presence 

and intensity of ringing combustion can be clearly shown for a given engine. In comparison to mechanical 

systems, electronic injection leads to a more homogeneous air-fuel mixture, ensuring that localized areas 

where more severe engine knock is possible are less likely to form, and providing a general reduction in 

knock. Overall, engine knock is made steadily more violent with the addition and preparation of greater 

amounts of fuel prior to ignition. This effect is seen both in modern electronic injection systems, with 
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higher operating pressures that increase the rate of fuel flow into the cylinder, as well as in engines 

utilizing dual-fuel operation, as the added gaseous fuels require minimal preparation prior to combustion, 

and so are easily ignited and combusted in the premixed combustion event. 

For the fuel injection systems tested in the single-cylinder engine, the electronic injection system 

is shown to produce a more variable amount of engine knock. In particular, the electronic injection system 

experiences peak instability at around 50% engine load, where premixed combustion and diffusion burn 

are contributing the most and least, respectively, to the heat release rate of the engine. In all cases, this 

variability is due to cyclic variation within the injector system itself, and which is worsened with higher 

fuel flow rates, and higher injection pressures. Below mid-load, the problems associated with cyclic 

variability are somewhat avoided by low overall fuel flow rates, and above this load, diffusion-dominated 

combustion takes a larger role in the heat release rate, stifling knocking combustion, and masking 

variability in knocking combustion between cycles. Increasing fuel injection pressure heightens the 

amount of overall variability, but utilization of gaseous fuels will not, as the amount of premixing that 

leads to engine knock is decided more by the gaseous fuel than by the efficacy of liquid fuel injection. As 

this fuel injection variability may be tracked across multiple cycles, any repeatable deviation in this 

variability away from normal operation may be used to diagnose fuel system deficiencies, particularly if 

this variation can be separated from normal engine variability. 
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Chapter V: Construction and Implementation of a Second Law Heat Release Analysis 

Some material published as ñSecond-Law Heat Release Modeling of a Compression Ignition Engine 

Fueled with Blends of Palm Biodiesel,ò ASME Journal of Engineering for Gas Turbines and Power, 

Technical Paper GTP-16-1008, March 30, 2016 

Some material published as ñFirst and Second Law Heat Release Analysis in a Single Cylinder Engine,ò 

SAE International Journal of Engines, Technical Paper 2016-01-0559, April 5, 2016 

Some material published as ñSecond Law Analysis of Waste Cooking Oil Biodiesel versus ULSD during 

operation of a CI engine,ò Fuel, Accepted July, 2019 

5.1 Abstract 

 Engine-out heat release is of immense importance for engine combustion research, particularly in 

a diagnostic role. The variation in fuel properties such as viscosity, energy content, or density seen in 

most fuels fit for combustion in compression ignition engines brings about distinct and important changes 

in the combustion behavior of these fuels. This is particularly true for fuels with more extreme viscosities 

(both higher and lower). This behavior results in changing rates of heat release, and thus changes in the 

pressure and temperature conditions within the engine cylinder. Through the use of in-cylinder pressure 

measurement, the rate of heat release can be deduced, and the effect of these various properties expressed 

in a relatively straightforward manner. Traditionally, heat release is catalogued only through the 1st Law 

of Thermodynamics. However, this analysis can be expanded to include the 2nd Law of Thermodynamics, 

in order to account for the effects of entropy generation. In doing so, the heat release analysis now details 

the flow of availability throughout the system, and accounts for the losses of availability associated with 

entropy. 

 This work details the creation of a multi-zone (fuel, burned, and unburned) diagnostic 2nd Law 

Heat Release model, built around an older 1st Law analysis, allowing for the simultaneous calculation of 

energy and exergy flow through the engine system due to engine combustion. The created model is then 

utilized to categorize combustion of diesel fuel alongside numerous neat fuels, and also in blends of 
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varying constituencies with palm biodiesel, with an emphasis on the changes in fuel behavior as a 

function of the differing properties of the fuels utilized. The 2nd Law model is found to provide additional 

clarity in understanding combustion than the older 1st Law model, particularly with respect to fuel 

viscosity effects. The exergy model also details how high viscosity fuels lead to a more delayed and 

prolonged combustion event, which adds availability to the working fluid later in the expansion stroke. Of 

importance, this later availability addition is still quite useful and suffers from relatively low entropy 

generation, and while it is inherently wasted as it is added far too late in the expansion stroke, it is still 

potentially useful and harnessable from a thermodynamic perspective. 

5.2 Introduction  

The modeling of thermodynamic processes within internal combustion engines is of importance 

in classifying and categorizing the behavior of both engine and fuel(s) [2, 60]. One such model is through 

the calculation of the compression ignition (CI) engine-out rate of heat release (RHR), and is an 

extremely useful tool in combustion research because it categorizes the changes in combustion rate of the 

fuel(s) used and clearly identifies the periods of premixed- and diffusion-dominated combustion. 

Heat release (HR) calculation is commonly achieved in one of two ways; either the computational 

modeling of in-cylinder phenomenon [62], or through simplified models that take advantage of measured 

engine data (i.e., in-cylinder pressure trace) [61, 122]. The latter models typically operate by employing 

the 1st Law of Thermodynamics, and are often referred to as Equilibrium HR models. Within these 

models, the bulk mass of gas within the cylinder may be subdivided into multiple component zones (e.g., 

unburned mass, burned mass, fuel mass, blow-by, etc.), with varying degrees of independence (or 

interdependence) from each other [61, 123]. This allows for simplified but time-efficient diagnostic 

modeling of in-cylinder phenomenon based on measured engine performance data. In specific, variations 

in liquid fuel usage leads to differences in the HR profile of the engine itself because of dissimilar fuel 

physical and chemical properties. This is particularly important within the study of biodiesel fuels and 

blends, where changes in combustion behavior are closely linked to viscosity, density, and the energy 
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content of a given fuel. This necessitates adjustments in engine control systems (i.e., fuel injection 

pressure and timing) both to optimize engine operation and to mitigate production of harmful emissions 

as a function of fuel input. 

An extension of RHR modeling is to allow for the analysis of CI engine combustion through the 

2nd Law of Thermodynamics [124, 125], generally referred to as an availability analysis. Similar to the 1st 

Law models, the 2nd Law analysis is typically achieved with either complex computational modeling in a 

predictive analysis [126-128], or through simplified modeling in a diagnostic role [129, 130]. These 

models are largely concerned with analyzing and quantifying sources of inefficiency within the engine 

cycle, and are centered on the creation and flow of entropy into, out of, or within the bulk gas. This helps 

identify the peak availability and, therefore, the ideal period to extract energy from the engine as work, 

which are not as readily apparent when using 1st Law modeling of engine combustion. In addition, the 

rates and pathways by which availability are used or lost are analyzed, potentially aiding in both engine 

control and design. 

This effort details the expansion of an existing HR model to allow for the analysis of CI engine 

combustion using the 2nd Law of Thermodynamics. The previously published model serves as the basis of 

the work providing a comprehensive 1st Law of Thermodynamics analysis [11]. This prior work 

delineates the net rate of HR into its components, namely the rates of energy used for work, lost to heat 

transfer, retained by the working fluid as internal energy, or otherwise changed by mass transfer into or 

out of the cylinder (e.g., fuel injection, blow-by, etc.). Using the Equilibrium HR model as a foundation, 

the expansion into the 2nd Law analysis allows for the calculation of entropy generation and loss of 

availability to each of the component energy pathways associated with the HR rate of the engine. 

Unlike other zero-dimensional multi-zone HR models, the presented work utilizes an Arrhenius 

equation to govern the rate at which combustion proceeds (calibrated to a known cycle combustion 

efficiency from exhaust hydrocarbon measurements), combined with continued adjustment of the 

thermodynamic properties of the working fluid through analysis of the in-cylinder pressure trace. As a 

demonstration, the 2nd Law analysis is used to categorize the efficacy of combustion of ultra-low sulfur 



110 
 

diesel, palm biodiesel fuel, and their blends. This highlights the effects of biodiesel on engine efficiency, 

particularly with respect to the increase in fuel viscosity, and the resulting decreases in efficiency, as the 

composition of biodiesel within the fuel blend increases. In addition, the 2nd Law analysis offers a 

stronger insight into the fuel combustion process than prior 1st Law modeling by identifying the areas of 

availability losses, particularly in the increasing losses of availability to the exhaust gas due to the 

interrelations between biodiesel blend percentage, fuel viscosity, diffusion-dominated combustion, and 

combustion temperatures. 

5.3 Model Equations 

For a 1st Law-based HR analysis, the fundamental equation to be balanced is the conservation of 

energy [11, 60]: 

1st Law Rate of Heat Release cv cv ht cvhr
dU dW dQ dmdQ

h
d d d d dq q q q q
= + + +ä  (24) 

where the amount of heat released by combustion of the fuel (Qhr) is a function of the internal energy of 

the control volume (Ucv), the amount of work done by the bulk gas on the piston at a given point in time 

(Wcv), the net amount of heat transfer out of the cylinder (Qht), and also energy losses through mass 

transfer (dmcv/dq), such as injection or blow-by.  

The evaluation of the internal energy, work, and mass transfer terms occurs as a function model 

zones. All chemical species within the cylinder are subdivided into one of three zones; an unburned zone 

for air and recycled gases, a fuel zone for unburned fuel, and a burned zone for the products of 

combustion. The mass of each of the three zones is held constant at all times, with the only exceptions 

being the addition of mass to the fuel zone through injection, and the transfer of mass from the unburned 

and fuel zones into the burned zone due to combustion. These separate processes are modeled 

individually, and are covered in detail as follows. 

For a 2nd Law availability analysis, a similar equation exists to quantify the individual 

components of the change in cylinder availability [125]: 
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2nd Law Rate of Change of 

Availability 

g c htw ir
dA dA dAdA dA

d d d d dq q q q q

å õ
= - + +æ öæ ö

ç ÷

 (25) 

where the total amount of availability of the bulk gas (Ag) is expressed as a function of the net rate of 

availability addition through the combustion of fuel into the cylinder (Ac), and the transfer of availability 

out of the cylinder through work done on the piston (Aw), the losses associated with heat transfer (Aht), and 

the amount of availability that is not recoverable (Air) due to irreversibilities. So long as the component 

terms of Equation 25 can be found, the net change in availability may be solved. 

The rate of availability transfer by work in Equation 25 is given by the following [14, 125]: 

Availability Transfer by Work 
0

cvw
dWdA dV

p
d d dq q q
= -  (26) 

where V is the cylinder volume, and p0 is the ambient pressure. Here, the total amount of work done by 

(or on) the bulk gas is compared against the amount of work done by the atmosphere against the piston. 

Using the 1st Law model as a basis, this rate of availability may be calculated either within a given zone, 

or across the entire cylinder at once. 

The rate of availability loss through heat transfer in Equation 25 is expressed as follows [14, 

125]: 

Availability Loss by Heat 

Transfer 
01ht ht

w

dA dQ T

d d Tq q

å õ
= -æ öæ ö

ç ÷

 (27) 

where Qht is the total amount of heat transfer at a given moment, T0 is the ambient temperature, and Tw is 

the cylinder wall temperature. The heat transfer term itself may be broken into multiple components [11]: 

Rate of Heat Transfer ht c cvr
dQ dQ dmdQ

h
d d d dq q q q
= + +ä  (28) 

where the individual components represent heat transfer losses by convection (Qc), radiation (Qr), and 

mass transfer. Note that the final term on the right hand side is zero if injection is discounted. 

Within internal combustion engine modeling, the total rate of availability loss due to irreversible 

phenomenon is given as [125, 131, 132]: 

Availability Loss by Entropy 

Generation q q q
= - ²0

0
0htir

w

T dQdA dS
T

d d T d
 (29) 
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where S refers the entropy generated at a given moment. Given that the only useful measure of 

irreversibility is the amount of energy contained within the cylinder, the second term of Equation 29 

serves to discount irreversibility associated with heat transfer (note: it is accounted separately here in 

Equation 28). As a result, Equation 29 is a measure of internal irreversibilities (i.e., entropy generation 

that is contained within the working fluid). 

Finally, the rate of availability addition through combustion is given by the following [125]: 

Availability Addition from 

Combustion 
c c

c

dA dm
e

d dq q
=  (30) 

where ec is the chemical exergy content of the fuel, and mc is the mass of fuel consumed. The fuel exergy 

content is closely related to the lower heating value (Qlhv) of the fuel [133, 134]: 

Ratio of Fuel Exergy to Fuel 

Energy for Diesel Fuel 
1.065c

lhv

e
r

Q
= º

 

(31) 

where the proportionality constant r varies depending on the chemical composition of the fuel molecule, 

and has been tabulated by various authors for ultra-low sulfur diesel (ULSD) [15, 133, 135]. With its 

components known, the rate of availability transfer (Equation 30) may be solved via individual processes 

similar to the RHR (Equation 24). 

For more exotic fuels (such as biodiesel), it is necessary to calculate the availability content 

directly [136, 137]: 

Ratio of Fuel Exergy to Fuel 

Energy as a Function of Fuel 

Chemistry 

OH

C C

S H

C C

1.0401 0.1728 0.0432

0.2169 1 2.0628

yy
r

y y

y y

y y

= + +

å õ
+ -æ öæ ö

ç ÷

 
(32) 

where y is the mass fraction of hydrogen (H), oxygen (O), carbon (C), or sulfur (S) within the fuel 

molecule. 

The model discussed herein is focused on the application of Equations 25-32 within an existing 

HR model [11], allowing the addition of functions to handle the new analysis rather than an entirely novel 

model. For brevity, this work will only discuss the additions to the original model required for the 



113 
 

availability analysis, and will not dictate portions of the prior model that will otherwise go unused (see 

the authorôs Masterôs Thesis, and Chapter II of this document) [138]. 

The calculation of the individual terms of Equations 24 and 25 are reliant on the analysis of the 

changes in thermodynamic properties between timesteps, such as molar constant pressure specific heat 

(cp), enthalpy (h), or standard-state entropy (s0). For this, the model utilizes seven coefficients tabulated 

within the CHEMKIN-III model [63]. Within the model, it is assumed that component gases of a given 

zone are all at a uniform temperature, allowing the model to express a thermodynamic quality of a 

mixture of species as a single value. Using entropy as an example: 

CHEMKIN-II I Equation for 

Molar Entropy 
( )0

0

ln lni
i i

univ univ

xs p
s x

R R p

å õ
= - -æ öæ ö

ç ÷
ä  (33) 

where Runiv is the Universal Gas Constant, i
x

is the mole fraction of a given species within the mixture, 

and 
0

i
s

 is the standard-state molar entropy of that species. In effect, Equation 33 serves to account for 

entropy of mixing, as well as the pressure-based entropy terms as recommended by Kee et al. [63]. This 

leads to an expression whereby the individual coefficients utilized by the model are expressed as a 

function of the constituency of a given zone: 

Lumped Gas Coefficient 
j i i

a x a=ä  (34) 

  

where ai is one of the seven coefficients utilized by the CHEMKIN-III model for a given species, and aj is 

the resulting coefficient for the bulk gas mixture. As a result, the model is able to evaluate changes in 

entropy of a given zone (and of the bulk gas) for a given timestep, as a function of the temperature and 

speciation of that zone. In addition, this allows for the calculation of the rate of availability losses due to 

irreversible phenomenon in the bulk cylinder gas given in Equation 34 once the entropy has been 

converted to a mass basis: 

Rate of Change of Entropy dS ds
m

d dq q
=  (35) 

However, Equation 35 may only be utilized for situations where the mass within the bulk zone is 

constant (i.e., excluding fuel injection or blow-by). In addition, Equation 35 is unable to resolve the 
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transfer of mass between zones. Because of these deficiencies, Equation 35 is recast to allow for mass 

transfer: 

Rate of Change of Entropy 

with Mass Transfer 
j j j

j j

dS ds dm
m s

d d dq q q
= +  (36) 

where the subscript j may represent the changes within a given zone, or within the bulk gas as a whole. 

To resolve the varying rates of heat transfer in Equation 28, the model uses an average between 

the heat transfer correlations provided by Woschni [139] and Hohenberg [140], while the radiative heat 

transfer component is calculated from the emissivity of the exhaust gas using a methodology by Bahadori 

et al. [141]. Finally, all forms of mass transfer into or out of the cylinder are ignored, other than mass 

addition through injection, and the associated rate of heat transfer is given as follows [11]: 

Injection Heat Transfer Rate injcv
inj

dmdm
h h

d dq q
=ä  

(37) 

where hinj is the enthalpy associated with injection and vaporization [11]: 

Enthalpy of Injection ( ) ( ),inj fg f vap inj p f f vap
h h c T T c T T= + - + - (38) 

where hfg is the enthalpy of vaporization of the fuel, cf and cp,f are the specific heating values of the fuel in 

its liquid and vaporized forms (respectively), and Tinj, Tvap, and Tf are the temperature of fuel at injection, 

vaporization, and as a vapor within the fuel zone, respectively. For this calculation, it is assumed that 

injected fuel is injected, atomizes, vaporizes, and comes up to the temperature of the fuel zone 

instantaneously, while accounting for the necessary heat transfer into the fuel zone. 

Next, the rate of mass addition by injection is given as follows [60]: 

Rate of Liquid Fuel Mass 

Addition by Injection ( )
0.5

2inj

d n h inj f

dm
C A n n p

d
r

q
= D  (39) 

where the injection process is defined through the area of the injector nozzle holes (An), the number of 

holes per injector (nh), the number of injectors (ninj), the density of the fuel (rf), and the change in pressure 

(Dp) between the fuel rail and the cylinder. In addition, Equation 39 is calibrated by the injector 

coefficient of discharge (Cd) which is nominally set to 0.39 [60]. This mass of fuel injection can then be 

used in conjunction with Equations 33-36, using CHEMKIN coefficients of the chosen fuel or blend 
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(either directly in the case of ULSD, or indirectly through the fatty-acid methyl ester composition in the 

case of biodiesel). 

Finally, the rate of combustion of fuel is determined by an Arrhenius reaction rate [64]: 

Rate of Combustion of Fuel ( )
r

q

-
º

2

/5

O
a univE R Tc

cv f

dm
K Vy y e

d
 (40) 

and is expressed as a function of the density of the bulk gas mixture (rcv), the cylinder volume, the 

relative mass fractions of fuel (
f

y ) and oxygen (
2O

y ), the activation energy of the fuel (Ea), the 

universal gas constant, and the temperature of the bulk gas. The combustion process then consumes a set 

amount of oxygen, and leads to the production of nitrogen, carbon dioxide, and water, all in a 

stoichiometric manner, with the consumed air and fuel being moved from the unburned and fuel zones 

into the burned zone, along with their byproducts from combustion [11]. Partial combustion products (i.e., 

carbon monoxide, hydrocarbons) and other resultant species (e.g., oxides of nitrogen) are ignored, as they 

make up a relatively small portion of the bulk gas, and do not significantly affect the thermodynamic 

characteristics of the bulk gas itself. 

In addition, the reaction rate given in Equation 40 is controlled using the dimensionless constant 

K, which is calibrated in order to ensure that the cumulative amount of heat released is equal to the energy 

content of the consumed fuel: 

Cumulative Heat Release h=
hr c f lhv

Q m Q  (41) 

where mf is the mass of fuel injected, and hc is the combustion efficiency of the engine cycle, calculated 

from the hydrocarbon content of the engineôs exhaust emissions [11]. 

The solution process of the model is iterative and is based on evaluation of the components of the 

Ideal Gas equation of state: 

Ideal Gas State Equation pV mRT=  (42) 

where p is the measured cylinder pressure, and m and R are the mass and (speciated) gas constant of the 

mixture of fuel, air, and exhaust products within the cylinder. At each step (covering a fraction of crank 

angle degree), the component variables of the equation of state are solved both within the individual 
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zones and on a cylinder-wide scale over the closed portion of the engine cycle (i.e., Intake Valve Closing 

to Exhaust Valve Opening). 

This solution process utilizes the measured pressure trace in order to solve for the necessary rates 

of mass transfer and changes in speciation (and gas constant) due to combustion. Finally, temperature is 

found through a 1st Law balance using Newtonôs linear method, and the volumes of the individual zones 

are solved directly through the state equation. The entire process is then iterated to ensure conversion of 

the anticipated and modeled amount of energy released by the fuel, including the total amount of heat 

transfer out of the cylinder. 

Once the 1st Law model is completed, the 2nd Law model utilizes the same thermodynamic 

variables in order to quantify the components of Equation 25 through the changes in availability due to 

fuel combustion, work, heat transfer, and entropy generation. In addition, the model then calculates the 

2nd Law Efficiency (or exergetic efficiency) [14, 15]: 

2nd Law Efficiency ( )
h

+ +
= = - = -1 1

g ht ir lossw
e

c c c

A A A AA

A A A
 (43) 

where Aloss is the total amount of availability not utilized by the engine for work either through heat 

transfer, irreversibility, or wasted availability of the exhaust gases. 

5.4 Validation and Modeling of Conventional Diesel Combustion 

Experimentation with ULSD was performed using a naturally-aspirated air-cooled Yanmar 

L100V single cylinder engine, coupled with a Dyne Systems Dymond Series alternating current 

dynamometer. The Yanmar engine was operated with the built-in EGR port blocked (an external cooled 

EGR system is available but was not utilized). In addition, the Yanmar was upgraded to a high-pressure 

single-rail electronic system [73]. Additional specifications for the engine and dynamometer can be found 

in Table 20 and Table 21. 

 

 

 



117 
 

 

 

Table 20. Yanmar L100V Engine Specifications. 

Displacement [cc] 435 

Valve Number/Type 1 Intake, 1 Exhaust 

Bore [mm] 86 

Stroke [mm] 75 

Connecting Rod Length [mm] 118 

Crank Radius [mm] 38 

Compression Ratio 21.2 

Injection Timing Variable 

Injection Pressure Variable, Maximum 200 MPa 

Continuous Rated Output [kw] 3.4 

Rated Speed [RPM] 3600 

ULSD Heating Value [kJ/g] 42.8 

ULSD Cetane Number 40 

IVC [  ̄ATDC] -122 

EVO [  ̄ATDC] 144 

Table 21. Dynamometer Specifications. 

Model Dymond Series 12 

Rated Torque [N-m] 28.6 

Rated Power [hp] 8.95 

Speed Range [RPM] 0-7500 

Voltage [V] 480 

Phase Three-Phase 

Frequency [Hz] 60 

Controller DyneSystems Inter-Loc V OCS 
 

Engine operation was monitored and measured through a number of National Instruments 

LabVIEW systems, recording engine performance characteristics at 10 Hz over two minutes and engine 

emissions from an AVL SESAM-FTIR emissions analyzer to provide for the combustion efficiency 

calibrations needed for the model (see Equation 41). Finally, a third LabVIEW system was utilized for 

capturing the in-cylinder pressure trace, recording 60 consecutive engine cycles (120 revolutions) at a 

resolution of 0.5̄ of crank angle [19, 73]. 

The engine tests were run at 1800 RPM and five separate engine loads, each representing a 

fraction of total rated load; 0.5 N-m (idle, or 0%), 4.5 N-m (25%), 9.0 N-m (50%), 13.5 N-m (75%), and 
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18.0 N-m (100%). Engine data was collected after the engine had reached steady-state operation, defined 

by a change in oil and exhaust temperatures of less than 1% over 60 seconds. Injection pressure was held 

constant at 43±0.5 MPa, and injection timings were prescribed in order to achieve peak engine efficiency 

as found by a previous analysis [10, 19]. 

The results of ULSD testing are shown in Figure 38(a) (cylinder pressure) and Figure 38(b) 

(RHR). Of note, the RHR generally increases and shifts further away from top-dead center (TDC) as load 

is increased (in order to retain peak engine efficiency); whereas, the peak pressure remains relatively 

constant when shifting away from TDC. Moreover, the amount of heat release from the diffusion burn 

portion of the cycle also increases, and at 18.0 N-m, the engine combustion becomes dominated by 

diffusion burn; whereas, for loads at 9.0 N-m and below combustion is primarily pre-mixed. This 

behavior is due to the growing length of the injection period with greater load (and thus fuel flowrate), in 

turn increasing the total amount of fuel that cannot be prepared quickly enough to be consumed by 

premixed combustion. Therefore, peak-pressure is often defined by the maximum amount of pre-mixed 

combustion possible and the width of the pressure trace defined by the amount of diffusion burn. 
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Figure 38: Measured In-Cylinder Pressure (a) and Calculated 1

st
 Law RHR (b) for Conventional 

Diesel Combustion with ULSD. 
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In order to keep the engine operating at peak efficiency, the timing of injection was advanced at 

higher loads [10]. The result of this is that the heat release profile differs from the trend at 18.0 N-m 

(increasing premixed peak shifting away from TDC) given the significant increase in diffusion burn at 

this load. The net effect results in a more prolonged period of peak cylinder pressure (see Figure 38b) and 

optimal power production [10]. For a more detailed analysis of ULSD (and biodiesel) in-cylinder pressure 

and first law HR results, please consult the following reference [142]. 

The corresponding rate of change and cumulative change in availability at 18.0 N-m were 

calculated using the 2nd Law analysis, as shown in Figure 39 and Figure 40. This highlights the various 

pathways by which availability is transferred within the system. Here, positive availability values for 

irreversibility and heat transfer represent immediate losses within and out of the cylinder (respectively), 

while positive availability in the exhaust gas represents the addition of energy (first by compression, and 

then by combustion) to the working fluid that may be extracted as work. Negative work availability 

represents availability that must be transferred in (by compressing the working fluid). However, the work 

put into the system must be balanced by the corresponding rise in internal energy of the working fluid 

(with any differences offset by heat transfer into or out of the cylinder), and so the net availability transfer 

remains nearly zero before ignition, with the remainder of availability transfer attributed to irreversibility 

and entropy generation. 
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Figure 39: Calculated Rate of Change in Availability at 18.0 N-m for Engine Operation with ULSD. 

Ignition and combustion (approximately 0-20̄  ATDC) leads to the transfer of chemical 

availability within the fuel to thermal availability in the working fluid, combined with a significant rise in 

entropy production and resulting irreversibility. Post-combustion, the availability of the working fluid is 

reduced, as availability is transferred out of the cylinder through work and heat transfer. Not all of the 

available energy may be extracted with the remaining availability of the working fluid (285.1 J at EVO) 

exiting the cylinder during the exhaust stroke. 
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Figure 40: Calculated Cumulative Change in Availability at 18.0 N-m for Yanmar Engine 

Operation with ULSD. 
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Figure 41: Percentage of Calculated Total Availability via Components of Equation 25 at EVO for 

Engine Operation with ULSD. 

The component percentages of availability transfer at EVO for all engine loads may be seen in 

Figure 41. As engine load is increased, the percentage of availability lost to irreversibility and heat 

transfer generally trend downwards, while the amount of availability transferred as work increases. In 
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addition, the changes in percentage of availability lost through the exhaust gas are lowest at 9.0 N-m, and 

trend upwards as engine load moves further from the midrange loads. All four means of availability 

transfer follow (roughly) 2nd order behavior. 
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Figure 42: Calculated In-Cylinder Temperature Profile for Engine Operation with ULSD. 

At all engine loads, the fractions of availability lost to heat transfer and irreversibilities are 

somewhat constant for lower loads, and trend downwards at higher loads, with heat transfer peaking at 

13.7% of availability at 4.5 N-m, and irreversibility at 29.5% at the same load. On an absolute scale, heat 

transfer increases with load as higher temperatures promote a greater thermal gradient between the gas 

and the wall. Heat transfer is also a strong function of the turbulence of the gas, set-up through the engine 

speed. Since the engine was run at a singular speed, heat transfer availability trends downwards as the 

changes in the other availability components are more dramatic than an increased level of heat transfer 

due to a greater temperature difference (see Figure 42). In effect, while the peak temperatures increase 

with load, less of the total availability is lost to heat transfer (typically in favor of increased work 

extraction).  
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Irreversibilities also decrease as engine load is increased because the engine becomes more 

thermally efficient in translating energy released through combustion into actual work. In specific, the 

high temperature reservoir (Figure 42) effectively increases as heat release grows (Figure 38b); hence, a 

higher potential Carnot efficiency. Therefore, even though more fuel is being combusted promoting 

entropy generation, the temperature differences between the lower and higher thermal reservoirs increases 

and irreversibility goes down with respect to the other availabilities. 

The total fraction of availability within the working fluid trends downward as load is increased 

from idle to mid-range, while the amount of availability extracted as work increases over the same range. 

For increases in load past 9.0 N-m, however, the fraction of availability transferred to the exhaust gas 

rises while work remains relatively constant. This is because past 9.0 N-m the increasing diffusion burn 

(Figure 38b) leads to availability being added later in the expansion stroke, cooling the working fluid. 

Hence, load goes up but the fraction of availability that is extracted as work remains constant, and the 

fraction remaining within the working fluid increases. Therefore, through this availability analysis, it 

appears that the most efficient set point of the engine is at 9.0 N-m where exhaust gas availability is 

minimized. This makes sense according to the first law HR analysis (Figure 38b) because this is the 

engine combustion regime that has maximized pre-mixed combustion (i.e., constant volume combustion) 

while minimizing diffusion burn. In other words, as the engine continues to add energy in a constant 

volume manner up to 9.0 N-m, exhaust gas availability decreases and work availability increases. 

However, beyond this load, diffusion burn (i.e., slower, later combustion) begins to dominate and more 

energy is added at a less advantageous time resulting in an increase in exhaust gas availability without an 

appreciable gain in work availability.  

5.4.1 2
nd

 Law Behavior and Variation in Fuel Properties 

The fuels utilized during experimentation were Jet A, an aviation fuel derived from renewable 

through hydroprocessing (R-8), and two biodiesel fuels derived from beef tallow and jatropha oils. The 

characteristics for these fuels can be found in Table 22 [5, 25]. In addition, standard ULSD was utilized as 
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a control. The engine was operated without added turbocharging, and without multiple injection events 

per cycle, in order to simplify the comparisons in engine operation between each fuel. 

Table 22. Properties of Neat Fuels Tested [5, 25]. 

Property ULSD Jet A R-8 
Tallow 
Biodiesel 

Jatropha 
Biodiesel 

Density  
(kg/m3) 

837.58 801.02 758.54 870.98 876.81 

Kinematic  
Viscosity (cSt) 

2.578 1.431 1.542 4.70 4.44 

Dynamic  
Viscosity (cP) 

2.159 1.146 1.170 4.094 3.893 

Cetane  
Number 

40.0 43.4 68.8 61.0 52.0 

Energy  
Content (kJ/kg) 

41530 42700 43101 39933 39809 

Volumetric Energy 
Content (MJ/m3) 

34785 34204 32694 34781 34905 

 
Engine operation and performance was monitored through a system created through LabVIEW, 

recording at a rate of 10 Hz for 120 seconds of engine operation. A second LabVIEW system was used in 

order to capture the in-cylinder pressure trace, recording 120 consecutive engine revolutions (amounting 

to 60 engine cycles) at a resolution of 0.5° of crank angle. Finally, a third LabVIEW system was used 

with an AVL SESAM-FTIR emissions analysis module recording at a rate of 1 Hz over 300 seconds, 

which was utilized to capture the amount of unburned fuel species, in order to calculate the combustion 

efficiency of the engine cycle for use within the RHR and 2nd Law models [73]. 

All tests were run at 1800 RPM and loading was varied between 0.5 N-m (idle) and 18.0 N-m 

(100% of rated load) in increments of 4.5 N-m, corresponding to the engine operating unloaded, and at 

25%, 50%, 75%, and 100% of rated engine load, allowing a visualization of both premixed- and 

diffusion-dominated combustion, as well as the transition between these operating states. Testing of 

alternative fuels was preceded with engine operation with ULSD [5, 25]. In all cases, fuel injection was 

increased to bring the engine to a given desired percentage of engine load, and was allowed to come to 

steady-state operation as defined by changes in oil and exhaust temperatures of less than 1% over the 60 
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seconds of operation. Next, engine performance and emissions data were collected, as well as the in-

cylinder pressure trace. 

After data collection, engine load was increased to the next desired level, and process was 

repeated. Fuel injection parameters were controlled through a Bosch MS15.1 Diesel Electronic Control 

Unit utilizing Bosch ModasSport. For the ULSD testing, fuel injection timing was set to predetermined 

points known to maximize engine efficiency at each load [16]. For testing of the other fuels, injection 

timing was adjusted to align the timing of peak pressure with the timing of peak pressure when operating 

with ULSD. The injection timings utilized for all fuels can be seen in Table 23 (note that for the baseline 

ULSD testing, injection timing reverses direction at full load, due to the magnitude of diffusion-

dominated combustion and its effect on thermal efficiency). For all fuels, fuel injection pressure was held 

constant at 40±0.5 MPa. 

Table 23. Injection Timings (  ̄before TDC) used for Tested Fuels. 

Engine Load ULSD Jet A R-8 
Tallow 
Biodiesel 

Jatropha 
Biodiesel 

0.5 N-m 12.5 12.1 10.5 10.4 11.2 

4.5 N-m 12.5 12.1 10.5 10.6 11.4 

9.0 N-m 11.0 10.6 9.4 9.5 10.1 

13.5 N-m 10.0 9.6 8.6 8.5 9.2 

18.0 N-m 11.0 10.7 9.9 9.6 10.2 

The pressure traces for engine combustion at 4.5 N-m, 9.0 N-m, 13.5 N-m, and 18.0 N-m 

(corresponding to 25%, 50%, 75%, and 100% of rated engine load) are presented in Figure 43. Note that 

the motoring pressure prior to combustion peaks around 2.5 ̄before TDC, due to cylinder cooling effects 

in the vicinity of TDC [11, 143]. Combustion using ULSD and Jet A produced largely identical results. It 

appears the drop in viscosity for Jet A that promotes better mixing is balanced by its growth in cetane 

number that subsequently reduces the amount of fuel prepared prior to combustion. Since both fuels have 

similar volumetric energy contents, combustion ends up being relatively comparable. 

R-8 and both biodiesel fuels had noticeably lower peak pressures than ULSD and Jet A. 

Investigating R-8, while it has a lower viscosity its significantly high cetane number and lower volumetric 

energy content results in a reduced amount of early combustion and a decrease in peak pressure as 
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compared to ULSD. However, for the biodiesel fuels their greater fuel viscosity leads to a decreased 

atomization process resulting in worse mixing. This, combined with a higher cetane number, results in a 

reduction in peak pressure over ULSD even though they have equivalent or slightly higher volumetric 

energy content. Hence, combustion for R-8 and both biodiesels will shift until later in the thermodynamic 

cycle at less optimum crank angles. Tallow biodiesel has the lowest combustion pressure because it has 

the highest viscosity with the second highest cetane number.  
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Figure 43. Measured In-Cylinder Pressure Traces with respect to Crank Angle for (a) 4.5 N-m, (b) 

9.0 N-m, (c) 13.5 N-m%, and (d) 18.0 N-m for various neat fuels. 
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The 1st Law RHR results mirror the same trends seen in the pressure traces, and are given for the 

25%, 50%, 75%, and 100% load conditions in Figure 44. Combustion with ULSD and Jet A are shown to 

have the highest peak RHR, followed by R-8 and jatropha biodiesel, and then finally the tallow biodiesel. 

These peak RHR values are seen in the premixed combustion phase, where injected fuel has had 

sufficient time to atomize and prepare for combustion. However, for higher engine loads, the ignition 

delay period between injection and ignition is not enough time to add enough fuel to achieve the desired 

engine loads, and for the more volatile fuels can be seen to decrease significantly (see Table 24). As a 

result, with increasing load comes the onset of diffusion-dominated combustion, where fuel combusts as 

soon as it prepared and mixed with sufficient oxygen. Of note, the trend seen within the premixed phase is 

now reversed for the diffusion phase at loads below 18.0 N-m; tallow biodiesel is observed to have the 

highest RHR, followed by R-8 and jatropha, and finally ULSD and Jet A. The reversal of this trend is due 

to the how the power requirements of the engine are met in the premixed phase; if more fuel can be 

combusted in the premixed phase, less will be needed in the diffusion phase in order to meet the desired 

load. 

Table 24. Ignition Delays (̄  of crank angle) of Tested Fuels. 

Engine Load ULSD Jet A R-8 
Tallow 
Biodiesel 

Jatropha 
Biodiesel 

0.5 N-m 13.5 13.6 12.0 12.4 12.7 

4.5 N-m 13.0 13.1 12.0 12.1 12.4 

9.0 N-m 13.0 13.1 11.9 11.5 12.1 

13.5 N-m 13.0 12.6 11.6 11.5 12.2 

18.0 N-m 13.0 11.7 11.9 11.1 11.2 

 
At 18.0 N-m, there is a noticeable difference in diffusion burn between the fuels. Initially, starting 

at around 8̄ after TDC, the RHR of the ULSD, Jet A, and R-8 fuels increase, while the RHR of the 

jatropha and tallow biodiesels remain relatively low or continue to decrease. This surge in energy is 

temporary, however, as the RHR of both biodiesels soon surpass the other fuels at around 15̄ after TDC, 

after which point the RHR of the ULSD, Jet A, and R-8 fuels is lower than that of both biodiesels. This 

difference is likely due to the effect of fuel viscosity and late injection at higher fuel loads. Here, the low 

viscosity fuels are able to combust shortly after injection because they quickly break up, mix with the 
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surrounding air (sufficient oxygen due to lean operation), and are brought to ignition due to the heat of 

prior combustion. Chemical ignition delay and cetane number now no longer play a large role, as the fuel 

is able to prepare chemically for combustion quickly in the high temperature environment. However, the 

biodiesel fuels both suffer from higher viscosities and need more time to atomize, vaporize, and mix after 

injection. 
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Figure 44. 1

st
 Law RHR with respect to Crank Angle for (a) 4.5 N-m (b) 9.0 N-m, (c) 13.5 N-m, and 

(d) 18.0 N-m, for various neat fuels. 

Brake specific fuel consumption (BSFC) and energy consumption (BSEC) were calculated from 

the measured fuel flow rates for all engine loads, and are shown in Figure 45. Overall, BSFC and BSEC 
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decreased with engine load. Fuel consumption was highest for the biodiesels, and lowest for the aviation 

fuels, and largely followed the same trends seen in the pressure and RHR results. Of note, the lowest 

BSFC for each engine load was the R-8 aviation fuel, despite its lower amount of premixed combustion, 

and higher amounts of diffusion burn. This also comes in spite of the low volumetric energy density of 

the R-8 fuel. Since fuel injection is on a volumetric basis for our system, R-8 has the lowest flow rate of 

fuel potential energy into the cylinder during injection, subsequently lowering the premixed spike and 

peak pressure. However, the R-8 fuel also carries the highest energy density, allowing the injector to 

deliver the needed amount of energy for combustion without requiring a large mass of fuel. Therefore, 

even though it has a lower added energy rate, overall less mass is used to achieve the required engine load. 
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Figure 45. BSFC (a) and BSEC (b) for various neat fuels at all engine loads. 

The reverse of this trend occurs for the biodiesel fuels; their higher volumetric energy content 

allows the injectors to deliver a greater rate of fuel energy into the cylinder for combustion. However, the 

low energy content means that the total amount of fuel mass required will increase significantly when 

operating with biodiesel, resulting in their high BSFC. In addition, the increasing viscosity of the 

biodiesel fuels has the effect of increasing inefficiencies, slowing the rate of combustion and stunting the 

rise in cylinder pressure (particularly in the case of tallow biodiesel). As a result, the distribution in BSFC 

between fuels increases further, and also appears within the BSEC, where the differences in fuel energy 
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content are largely removed. As a result, while the amount of energy injected per event may be the same 

(or less, in the case of R-8), the fact that the biodiesel fuels have less energy per unit mass results in a 

greater amount needed to achieve the desired engine load. R-8 additionally moves closer to the other fuels 

when investigating BSEC because the amount of energy needed to achieve each engine load should be 

similar between all fuels. 

The low fuel mass requirement of the R-8 fuel results in it having the highest fuel conversion 

efficiency; whereas, biodiesels have the lowest (see Figure 46a). Fuel conversion efficiency serves as a 

measure of the fuel potential energy added by injection that is successfully released by combustion. Here, 

R-8 is the best fuel overall, owing to the lower amount of fuel that must be added to the cylinder, 

shortening the time needed for injection. In addition, R-8ôs decreased viscosity promotes better mixture 

preparation, allowing more of the fuel energy to be released closer to Top Dead Center (TDC), where 

work energy can be extracted more efficiently (seen later in total availability extracted as work). By 

comparison, the biodiesel fuels exhibit prolonged combustion due to their higher viscosity, releasing fuel 

energy later in the power stroke, lowering efficiency overall. 
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Figure 46. Fuel Conversion (a) and Combustion (b) Efficiencies for all fuels and engine loads for 

various neat fuels. 

The next measure of cycle efficiency is the engine combustion efficiency in Figure 46b that 

measures the actual fraction of fuel mass consumed by the combustion process. Overall, Jet A and ULSD 
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exhibited the lowest overall combustion efficiency (investigating trends without error bars), caused by a 

tendency of these fuels to undergo richer combustion in spite of lower viscosities in comparison to the 

biodiesels. Tallow and jatropha biodiesel had the greatest overall combustion efficiency, despite their 

high viscosities and prevalence towards diffusion-dominated combustion. Each of the biodiesel fuels 

carries significant amounts of oxygen embedded in the fuel molecules, reducing the effective local fuel-

air ratios. Moreover, biodiesel fuels have been shown to have greater in-cylinder temperatures (Figure 47) 

due to a higher adiabatic flame temperature, subsequently promoting combustion efficiency [19].  

Unlike the ULSD and Jet A fuels, R-8 also had relatively high combustion efficiencies, 

comparable to the biodiesels. This is due to its low density complimenting its lower viscosity, promoting 

air mixing beyond the ULSD and Jet A. In addition, use of R-8 was found to increase in-cylinder 

temperatures because its diffusion burn rate is faster than ULSD and Jet A [25]. However, a reduced 

deviation in combustion efficiency is seen as engine load increases, as higher engine temperatures 

promote vaporization and combustion, regardless of fuel properties. 
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Figure 47. In-Cylinder T emperatures with respect to crank angle for (a) 9-0 N-m and (b) 18.0 N-m 

for various neat fuels. 
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Figure 48. Thermal Efficiencies for all fuels and engine loads for various neat fuels. 

The final means of understanding 1st Law-based engine efficiency is through the thermal 

efficiency, calculated as the ratio between the fuel conversion and combustion efficiencies. This 

efficiency serves as a measure of the fraction of energy liberated by combustion that is extracted as work 

(see Figure 48). Like the fuel conversion efficiency, the biodiesel fuels show the lowest overall values, 

despite their higher combustion efficiency (ignoring the error bars). This highlights the prolonged 

combustion time of the biodiesel fuels, which adds thermal energy later in the engine cycle where it 

cannot be extracted as efficiently. By comparison, the aviation fuels and ULSD exhibit larger amounts of 

combustion closer to TDC, where work is more easily extracted, thus leading to higher thermal 

efficiencies. R-8 is again the highest with its enhanced combustion efficiency improving its thermal 

efficiency over and above that of ULSD and Jet A. 

Within the 2nd Law Analysis, the net addition of fuel availability in Figure 49 is closely tied to 

BSFC and BSEC. Overall, the fuel availability added to the cylinder increased linearly as engine load was 

increased. This is related to the linear increase in fuel flow rate needed to meet each prescribed engine 

load. The biodiesel fuels required higher net availability addition at all loads, corroborating their higher 

BSFC and BSEC results discussed earlier, subsequently reflected in their fuel conversion efficiency. 
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Furthermore, R-8 required a lower net availability addition at all loads, in keeping with its lower BSFC 

and BSEC (and improved fuel conversion efficiency).  
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Figure 49. Availability Addition for various neat fuels.  

The percentage of availability extracted as work represents the 2nd Law efficiency of the engine 

cycle (shown in Figure 50), and is the counterpart to the thermal efficiency (also commonly known as the 

1st Law efficiency). Similar to thermal efficiency, the 2nd Law efficiency generally is maximized for the 

aviation fuels and ULSD, and is minimized for the biodiesel fuels. Overall, the deviation in 2nd Law 

efficiency between the fuels increases with engine load, with the two biodiesel fuels performing 

significantly worse than the ULSD, Jet A, and R-8 fuels at peak load. Altogether, this indicates a direct 

relationship linking 2nd Law efficiency to the changes in viscosity between the tested fuels. Of note, the 

2nd Law efficiency highlights a difference between the biodiesel fuels, indicating that the tallow biodiesel 

is slightly less efficient, particularly at high loads (not distinguishable in thermal efficiency). In addition, 

the 2nd Law efficiency shows essentially no difference between operation with Jet A or ULSD, in support 

of the thermal efficiency results (when the measurement uncertainty is included). Hence, incorporating 

the 2nd Law efficiency helps further identify the trends between the different fuels over and above a 

standard RHR analysis. 
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Figure 50. Percentage of Total Availability extracted as Work for various neat fuels. 

The first means by which availability is lost is through heat transfer out of the engine cylinder, 

which is fundamentally a function of the in-cylinder temperature profile (see Figure 47). Here, the 

biodiesel fuels exhibit higher in-cylinder temperatures, particularly later in the engine cycle. This is due to 

their prolonged combustion caused by their high viscosity promoting diffusion burn, subsequently 

intensifying peak cylinder temperatures later in the expansion stroke (particularly at 18.0 N-m). In 

comparison, the R-8 fuel also had relatively high in-cylinder temperatures. This is due to its energy 

content by mass, as well as its higher combustion efficiency promoting a more complete extraction of fuel 

energy. In addition, while the ULSD and Jet A had higher peak cylinder temperatures for brief periods, 

their reduced diffusion burn phase lowered later in-cylinder temperatures. As a result, the distribution of 

in-cylinder temperatures can then be used to understand the relative amounts of heat transfer for each of 

the fuels tested as shown in Figure 51. Overall, the biodiesel fuels and R-8 had the highest rates of heat 

transfer, owing to their higher combustion temperatures. The ULSD and Jet A fuels, with their cooler 

combustion temperatures and less pronounced diffusion burn periods, exhibited less total heat transfer. 
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Figure 51. Percentage of Total Availability lost to Heat Transfer for various neat fuels. 

The percentage of availability destroyed, or the amount of irreversibility within the working fluid, 

decreased slightly with increasing engine load as seen in Figure 52. Overall, Jet A had the highest amount 

of availability destruction, with ULSD somewhat lower, and the two biodiesels and R-8 all considerably 

lower. This result is linked to the same distribution of temperatures seen in the heat transfer profiles. 

Given that the calculation of availability is dependent on the temperature difference between the hot and 

cold side of the system, higher temperature differences lead to lower irreversibilities. As a result, 

increasing the temperature leads to a larger fraction of the total availability that may be extracted from the 

working fluid, which would otherwise be destroyed. The biodiesel and R-8 fuels also exhibited higher 

overall combustion efficiencies, due to oxygen content in the biodiesels, and high energy content by mass 

of R-8. Ultimately, ULSD and Jet A burn cooler than the other fuels, leading to a greater level of 

irreversibility, particularly at the highest engine loads. 
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Figure 52. Percentage of Total Availability lost to Entropy Generation for various neat fuels. 

In this way, the combined availability losses through heat transfer and internal irreversibilities in 

Figure 53 may be used as a means to derive and decompose efficiency information from the in-cylinder 

temperature profile, over and above the 1st Law analysis. At low engine loads, fuels are generally ordered 

by viscosity, with the least viscous fuels exhibiting the most irreversibility. Increased viscosities will lead 

to more prolonged and delayed combustion, increasing cylinder temperatures overall. At higher loads, 

losses to irreversibilities begin to array themselves in a fashion that viscosity alone cannot explain 

(particularly in the case of the R-8 fuel), implying that multiple fuel properties affect the net irreversibility 

at high load. Here, the R-8 fuelôs higher combustion temperatures lead to a greater in-cylinder 

temperature. At all loads, despite these cylinder temperatures increasing the losses due to heat transfer, 

the losses are outweighed by the decreasing destruction of availability within the working fluid itself. In 

essence, the net irreversibility loss of the cycle is essentially a function of temperature only; e.g., 

Equations 27 and 29. This is probably why other authors have linked these two equations into a single 

expression for analysis. As a result, the 2nd Law analysis allows another means to link fuel properties to 

combustion results. In addition, the fraction of availability lost to all irreversibilities forms the 2nd Law 

analogue of the combustion efficiency, as it reflects the advantages of both the high heat of combustion 

and the complete consumption of fuel. 
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Figure 53. Percentage of Total Availability lost to all Irreversibilities for various neat fuels. 

Overall, the availability retained by the working fluid in Figure 54 generally accounted for around 

35-45% of the total availability added to the cylinder. The amount of availability retained slightly 

decreased with load, representing the ability of the engine to take further advantage of the growing 

temperature of the working fluid as more fuel energy/availability is added to the cylinder primarily in a 

premixed burn scenario (Figure 2). For high loads, increasing diffusion burn prolongs the duration of 

combustion, and causes the addition of availability later in the engine cycle, where the cylinder is rapidly 

expanding and cooling. As a result, this later availability addition is wasted, as it is at a relatively lower 

temperature, and the engine cannot effectively extract it as work. 
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Figure 54. Percentage of Total Availability retained by Exhaust Gases for various neat fuels. 

Here, the effect of viscosity and energy content on diffusion-dominated combustion is 

additionally seen. In particular, the increased viscosity of the biodiesel fuels decreases the ability of the 

fuel to break up after injection, slowing combustion while increasing diffusion-dominated combustion 

and moving it further from TDC. By comparison, the decreasing viscosity of the Jet A and ULSD leads to 

more advantageous fuel break up, moving diffusion-dominated combustion closer to TDC, subsequently 

leading to a higher work extraction. In the case of R-8, its higher combustion temperatures lead to a 

greater fraction of availability left in the exhaust than in the ULSD or Jet A fuels. However, R-8ôs greater 

energy content by mass promotes more prompt combustion, meaning more fuel energy is released closer 

to TDC where the engine may extract work more efficiently, and leads to lower amounts availability than 

is encountered in the biodiesel fuels. This shows a similar result (at high loads) to the net irreversibility 

losses. Here the competing effects of viscosity and in-cylinder temperature can be seen; while in-cylinder 

temperatures take precedence overall as a measure of the availability added to the working fluid, fuel 

viscosity affects the timing of this availability addition. 

5.4.2 2
nd

 Law Behavior of ULSD-Biodiesel Blends 

In tandem with this testing, a palm-oil derived biodiesel fuel was also analyzed in order to further 

examine the changes in fuel properties and their effects on the 2nd Law analysis. In particularly, given that 
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the fuel viscosity, density, and energy content are essentially a linear function of composition of the fuel 

blend, this allows a consistent and predictable shift in fuel properties and 2nd Law phenomena. The 

characteristics of both the palm biodiesel (P100) and ULSD (P0) may be found in Table 25. Biodiesel and 

diesel fuel were blended, producing fuel mixtures with biodiesel contents of 5% (P5), 10% (P10), 20% 

(P20), and 50% (P50) by volume. Of note, representative viscosity measurements from a different batch 

of palm biodiesel and ULSD blends is provided in Table 26 for discussion purposes (details of these tests 

are available from the authors). Injection timings for the fuel blends were adjusted as necessary (advanced 

towards TDC) in order to retain peak engine efficiency, based on the alignment of peak cylinder pressure 

timing [10, 19]. Using Equation 32, the availability content of the biodiesel was found to be 1.076 times 

the energy content of the fuel [134, 136], while assuming the overall sulfur content of the biodiesel was 

negligible. The overall increase in proportionality between ULSD (at 1.065 times the energy content) and 

the palm biodiesel is primarily due to the oxygen content of the fuel, promoting more complete 

combustion (and addition of availability). 

Table 25: ULSD and Biodiesel Properties [19]. 

Fuel ULSD Palm Biodiesel 

Cetane Number 40 60 

Density @ 20̄C [kg/m3] 837.58 872.63 

Lower Heating Value [kJ/g] 42.8 40.5 

Kinematic Viscosity [cSt] 2.58 4.61 

Flash Point [̄C] 55.8 184.8 

Oxygen Content [% wt.] - 10.17±0.29 

Carbon Content [% wt.] 86.34±0.20 76.57±0.13 

Hydrogen Content [% wt.] 14.27±0.20 13.27±0.16 
 

Table 26: ULSD and Biodiesel Blend Properties from Experiments [19]. 

Fuel Kinematic Viscosity (cSt) 

ULSD 2.578±0.008 

- Palm - - 

5% 2.608±0.008 

10% 2.714±0.008 

20% 2.849±0.009 

50% 3.395±0.010 

100% 4.605±0.014 
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As with the ULSD presented earlier, the 1st Law analysis was run first, and the resulting rates of 

heat release for the biodiesel blends at 9.0 N-m and 18.0 N-m are shown in Figure 55(a) and Figure 55(b), 

respectively. Of note, increasing the composition of biodiesel in the fuel blend leads to a decrease in the 

magnitude of the premixed spike, in addition to a gradual shift forward in the timing of the peak RHR. 

This is paired with an increase in the magnitude of the diffusion burn. This is because the higher cetane 

number (and lower ignition delay) of biodiesel blends results in less fuel being prepared prior to ignition. 

Moreover, an increase in fuel viscosity with biodiesel composition further serves to inhibit fuel 

atomization and vaporization. Therefore, premixed combustion decreases with blend subsequently leading 

to a growth in mixture-controlled diffusion combustion [19, 144]. 
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Figure 55: Calculated Rates of Heat Release for ULSD, Palm Biodiesel, and Blends at 9.0 N-m (a) 

and 18.0 N-m (b). 
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Figure 56: Availability Addition for U LSD, Palm Biodiesel, and Blends. 

As the engine load increases, the overall period of premixed combustion broadens and is lowered 

as biodiesel content is increased. The diffusion-dominated portion of combustion becomes more 

prominent and lasts slightly longer with increasing biodiesel content, but does not significantly diverge 

from the behavior of ULSD until the biodiesel content reaches 50%. The cause of this behavior is closely 

linked to the increased viscosity of the biodiesel, which inhibits fuel breakup and atomization 

subsequently increasing ignition delay. In specific, investigating Table 26, the viscosities of biodiesel 

blends at and below 20% are relatively close to that of ULSD. As a result, for high engine loads where 

fuel injection is more prolonged, this increased fuel breakup time limits the ability of the engine to 

consume the fuel in the premixed combustion phase. This behavior is integral to understanding the 2nd 

Law analysis. 

The net changes in availability added into the cylinder (i.e., injection of fuel) are shown in Figure 

56. Overall, increasing biodiesel composition (that itself has a higher availability) in the injected fuel 

leads to a greater availability needed by the engine to meet the desired load, in turn requiring further fuel 

injection. This is due to the inhibiting effects of biodiesel viscosity and the lower energy content of 

biodiesel, subsequently noted in the experiments by an increase in fuel consumption with biodiesel blends. 

Moreover, there is little change in availability addition with 20% blends and less. This initially 
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corroborates the 1st Law HR findings with respect to blends that could be substituted for ULSD with little 

difference noted. 
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Figure 57: Percentage of Calculated Total Availability transferred as Work for Biodiesel Blends. 

The increasing inefficiencies of utilizing biodiesel fuel is most apparent when considering the 2nd 

Law efficiency of the engine cycle, or the percentage of availability transferred as work (see Figure 57). 

Here, there is a decreasing level of availability as a function of biodiesel blend. Interestingly, the behavior 

of the biodiesel blends at full engine load seems to converge on one of two extremes. For blends with 

10% biodiesel content or less, the efficiency decreases are marginal, and the behavior of the blend is 

largely the same as ULSD. However, at or above 20% biodiesel content, all of the tested blends exhibit a 

lowered efficiency. 
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Figure 58: Percentage of Calculated Total Availability lost to Heat Transfer for Biodiesel Blends. 
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Figure 59: Calculated In-Cylinder Temperature profile for  Biodiesel Blends at 9.0 N-m. 

This behavior can be explained through the increase in viscosity with biodiesel content. In prior 

testing (utilizing only the 1st Law HR analysis) it appeared that 50% biodiesel composition was the 

tipping point of the blend acting dissimilar to ULSD [19]. However, in the 2nd Law HR analysis, it 

appears that for blends below 20%, the increased viscosity is marginal and does not greatly affect fuel 

atomization. At 20% and higher, the viscosity effects of the biodiesel begin to dominate, noticeably 

decreasing (using availability) the more efficient premixed combustion phase. For neat biodiesel, the 
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effects of viscosity are even more pronounced, such that the stunting of the premixed spike begins to 

manifest earlier (see Figure 55). This illustrates the advantage of performing both a first and second law 

HR analysis; i.e., finding the tipping point of biodiesel blends performing similarly to neat ULSD. 

The first source of availability losses is through heat transfer out of the cylinder as shown in 

Figure 58. In general, the total amount of heat transfer increases with biodiesel content in the fuel. This 

behavior is likely linked to the higher combustion temperatures commonly seen when utilizing biodiesel 

fuel [19, 144-146]. This is corroborated in Figure 59 that illustrates a decrease in peak temperature due to 

a less energetic pre-mixed combustion phase, but a hotter expansion stroke with biodiesel composition. It 

appears that the losses due to heat transfer peak between 4.5 and 9.0 N-m. This is because the combustion 

event is largely pre-mixed and relatively short providing ample time for heat transfer to the walls. As 

diffusion burn begins to dominate, the losses due to heat transfer decrease in a relative manner because 

combustion is happening later in the cycle resulting in less physical time for heat transfer. 
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Figure 60: Percentage of Calculated Total Availability lost through Entropy Generation for 

Biodiesel Blends. 

The second source of availability losses is through the destruction of availability by entropy 

generation within the working fluid, seen in Figure 60. Overall, the total amount of irreversibilities 

decreases with engine load (as described earlier for ULSD), regardless of the biodiesel fuel composition. 

However, internal irreversibility exhibits an overall decrease with respect to increasing biodiesel 
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composition. This reduction is again linked to the higher in-cylinder temperatures of the biodiesel fuel. 

By further increasing the temperature of the working fluid above the ambient (in comparison to ULSD), 

the addition of chemical availability increases the temperature difference between the two thermal 

reservoirs, increasing the thermal efficiency (as discussed prior) and leads to an increase in the fraction of 

availability that may be extracted as work instead of being lost to irreversibilities. In addition, the oxygen 

content in biodiesel provides an added combustion enhancer helping to improve combustion efficiency by 

ensuring that oxygen is near more carbon and hydrogen bonds, especially during the diffusion burn phase. 

Therefore, irreversibility decreases as the combustion process becomes more efficient even though 

viscosity increases (i.e., atomization decreases) with biodiesel content.  
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Figure 61: Percentage of Total Availabilit y retained by the Exhaust Gas for Biodiesel Blends. 

The final means for availability to be lost from the system is in the unused energy contained 

within the exhaust gases as they exit the cylinder, shown in Figure 61. Overall, increasing the biodiesel 

content leads to an increase in unused availability. This is partially due to the increased in-cylinder 

temperatures with added biodiesel composition; i.e., more thermal energy left in the exhaust gases at 

Exhaust Valve Opening as seen in Figure 59. However, the more important factor is the increasingly 

prolonged combustion of biodiesel fuel due to viscosity, leading to the addition of availability to the 
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working fluid later in the engine cycle. In this state, where the engine cylinder is already rapidly 

expanding (and cooling), this late availability addition is largely wasted by the engineôs inability to 

extract it. 

5.4.3 Operation at Lower Compression Ratios 

As a final examination of the model, it is of importance to examine the potential effects of the 

model on engines with compression ratios lower than that of the Yanmar L100V. In general, lowering the 

compression ratio serves to reduce in-cylinder pressures and temperatures. In addition to generally 

reducing engine efficiency (as a direct result of Carnotôs Law), this also directly reduces the efficacy of 

fuel injection and dispersion into the cylinder, resulting in a more difficult fuel break-up period [147]. 

This, in turn, will generally decrease efficiency, increase fuel consumption, and promote incomplete 

combustion and emissions of hydrocarbons and particulate matter. 

The engine used for this particular study was a naturally-aspirated four-stroke AVL5402 single 

cylinder CI research engine, coupled with an AVL DynaRoad202 dynamometer with engine and 

dynamometer specifications presented in Table 27, located at the Technical University of Cluj-Napoca, 

Romania [148]. The testbed used for the study features an AVL Rapid Prototyping Engine Management 

System (RPEMS) and ETK7 engine management system that allows a flexible engine control. 

Specifically, this enables the user to change the injection timing and quantity for up to four injection 

sequences (two pilots, main, and post injection), as well as the fuel pressure in the common rail. Here, 

only a main injection event was utilized. Furthermore, the testbed is equipped with a fuel conditioning 

unit for control of the experiments. This includes an AVL735 Fuel Mass Flow Meter for fuel flow rate 

and density (±0.12% kg/h, ±0.0005 g/cm3) with the fuel consumption measured as a difference between 

the fuel feed line and the fuel return line along with an AVL753 Temperature Control unit for fuel 

temperature control. Operating conditions are further regulated with the aid of an AVL577 conditioning 

unit that enables a control of the coolant flow and temperature (5-120°C ±1°C) while also modulating the 

oil flow, temperature, and pressure. 
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Table 27. Engine and Dynamometer Specifications [148]. 

Engine 

Model AVL 5402 Bore 85 mm 

Intake Natural Aspirated Stroke 90 mm 

Cooling Water-Cooled Fuel Pump Bosch CP4.1 

Cycle 4-Stroke Fuel System Common Rail Direct Injection 

Displacement 510.7 cm3 Max Injection Pressure 180 MPa 

No. of Cylinders 1 Engine Management AVL RPEMS + ETK7 

Compression Ratio 17.1:1 Rated Power 6 kW 

Number of Valves 2 Intake, 2 Exhaust Rated Speed 4200 RPM 

AC-Dynamometer 

Model AVL DynaRoad 202 Nominal Power 198 kW 

Maximum Speed 12000 RPM Nominal Torque 473 N-m 

The engine was equipped with a glow-plug type AVL GU22C pressure transducer (0 to 250 bar, 

linearity ±0.3%, thermal sensitivity ±1%) for in-cylinder pressure measurements at a variable sampling 

interval over an engine cycle. For this study, the authors opted for a sampling interval of 0.1 °CA (crank 

angle) between 30 °CA BTDC (before top dead center) and 70 °CA ATDC (after top dead center), and 

1 °CA for the rest of the cycle. The pressure trace, which is an average of 101 thermodynamic cycles, was 

then analyzed using the first and second laws of thermodynamics to determine the rate of heat release and 

in-cylinder temperatures [12, 118]. Additional sensors allow the measurement of the ambient temperature 

(accuracy ±1.5°C), pressure (accuracy ±0.2%) and relative humidity (RH; accuracy ±0.6% for 0-5% RH 

and ±1% for 5-80% RH), intake air temperature (PT100; accuracy ±0.15+0.002³temperature) and 

pressure (PTX 1400; accuracy ±2% from -20 to 80°C), as well as exhaust gas temperature and pressure 

(same as intake). The intake air mass flow is measured using a Sensyflow P thermal mass flow meter 

(accuracy ±1% of reading; repeatability error ±0.25% of reading). 
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Table 28. Properties of WCO Biodiesel and Diesel Fuel [146]. 

Property  ULSD  Biodiesel 

CN 51 52.8 

Energy Content (kJ/kg) 43000 39663 

Density (kg/m3 at 298.15 K) 826 860 

Kinematic Viscosity (cSt at 40º C) 4.50 6.56 

Dynamic Viscosity (cP at 40º C) 3.717 5.79 

Oxygen Content N/A 10.5 

 

Two fuels were used for this study: ULSD (with the properties specified according to the quality 

assurance sheet of the fuel, except for density that was measured using the AVL 735 and the energy 

content that was taken from the European Fuel Quality Legislation [149]), and a WCO biodiesel 

(produced according to the methodology presented by Cecrle et al. in [146]) with the main properties 

estimated to be similar to those presented in Table 28. For the tests, the engine was operated at 2000 rpm 

at five different loads: 0, 25, 50, 75 and 100% load. The ULSD was tested first, as a reference. For the 

WCO biodiesel, the injection quantity was increased to obtain the equivalent load, while the injection 

timing was adjusted to maintain the same crank angle position of the peak cylinder pressure for 

normalized combustion phasing between the test fuels (discussed later). The fuel injection pressure was 

the same in both cases and the test parameters are presented in Table 29. Ambient conditions were also 

controlled, with the following values measured during the tests: 28-35 °C ambient temperature, 973-981 

mbar ambient pressure, 13.3-17.3% relative humidity, and 23-29 °C intake air temperature. Finally, the 

emissions were measured using a Bosch BEA350 system as follows: after the engine reached steady state, 

defined when engine oil and exhaust temperatures changed by less than one percent over a 60 second 

period, emission values for CO, CO2, NOx, and HC were recorded every 10 seconds for 1 minute. The 

obtained values were averaged and converted to brake specific quantities. 
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Table 29. Test Parameters for Study [148]. 

 ULSD WCO Biodiesel 

Speed Load Injection 
Quantity 

Injection 
Timing 

Injection 
Pressure 

Injection 
Quantity 

Injection 
Timing 

Injection 
Pressure 

Normalized 
Injection 

RPM % mg C̄A BTDC MPa mg C̄A BTDC MPa C̄A 

2000 

0 9 7.5 60 13.6 5.6 60 +1.9 

25 12.6 7.9 60 18.5 6.0 60 +1.9 

50 16.4 8.2 70 22.2 6.4 70 +1.8 

75 21.4 9.0 70 29.4 7.9 70 +1.1 

100 27.4 11.6 70 36.3 12.4 70 -0.8 

 

The first analysis primarily concerned the effect of WCO biodiesel on this engine without 

changing injection timing in order to realign the timing of peak pressure. In specific, after setting the 

injection timing and pressure to the same ULSD test values, the injection quantity of WCO biodiesel was 

increased gradually until the BMEP of the engine was equated to that of ULSD. This led to an increase of 

53.4, 49.1, 37.4, 39.8, and 35.0% in fuel mass injected for 0, 25, 50, 75, and 100% load, respectively, 

when using WCO biodiesel. This is largely due to its reduced energy content even though it has a greater 

density as highlighted in Table 28. In other words, since the engine injection system adds fuel on a 

volumetric basis, WCO biodiesel is being added at a reduced volumetric energy level of around 34,110 

MJ/m3 in comparison to 35,518 MJ/m3 for ULSD. 
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Figure 62: Measured and Filtered in-cylinder pressure trace at (a) 0% Load, (b) 25% Load, (c) 

50% Load, (d) 75% Load, and (e) 100% Load for AVL 5402 engine. 

 

Figure 63: Injection and Ignition Parameters. 
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As demonstrated in Figure 62, employing the same injection timing for WCO biodiesel as ULSD 

led to an advance of the combustion process. To further elucidate on combustion timing differences, a 

comparison of the injection timings with the start of combustion using the 2nd derivative of pressure 

determined through the RHR analysis (shown later) provides valuable insight about the ignition delay in 

Figure 63. It was found that, except at 100% load, combustion of the biodiesel fuel started earlier than 

ULSD, both in the non-normalized (1.9 to 6.6 °CA advanced) and the normalized (1.8 to 4.2 °CA 

advanced) cases. This is due primarily to the larger cetane number (CN) of biodiesel, in spite of the 

increased injection delay (valid for common rail injection systems, but not for mechanical injection 

systems [150, 151]), poorer atomization, and lowered air-entrainment level, which occurs when changing 

from ULSD to biodiesel [152-154]. Moreover, the fuel bound oxygen in biodiesel additionally aids in 

achieving equivalence ratios in the flammability range faster than with ULSD promoting a reduced 

ignition delay. However, at 100% load, the start of combustion was somewhat comparable between 

ULSD, non-normalized (0.1 °CA advance) and normalized (1 °CA advance) biodiesel. Here, the need to 

add a significant amount of fuel to achieve the load required forces the injection process earlier into the 

compression stroke; hence, each case is given ample opportunity to mix prior to reaching combustion 

temperatures. 

Since combustion that happens sooner results in an earlier heat release, this subsequently 

influences in-cylinder temperatures and exhaust emissions. Therefore, the rest of the analysis will 

primarily compare normalized WCO biodiesel and ULSD results by matching the peak pressure crank 

angle location to (mostly) remove the influence of combustion phasing. This WCO biodiesel 

normalization process resulted in an increase of 1.6, 0.9, 1.0, 0.7, 7.7% in fuel mass injected for 0, 25, 50, 

75, and 100% load, respectively, in comparison to the non-normalized tests. 

With the underlying non-normalized tests understood, the normalized tests can be considered. Up 

to 50% load (Figure 62a, b, and c), delaying the injection timing and matching the BMEP requirements 

finds that the in-cylinder pressures between normalized biodiesel and ULSD are relatively similar to 
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slightly lower. However, above 50% load (Figure 62d and e), the peak cylinder pressures for normalized 

biodiesel drop significantly below that of ULSD. This is likely due to the increased viscosity of biodiesel 

inhibiting fuel breakup and promoting diffusion burn as a greater level of fuel flow rate is needed to 

achieve these higher loads. Interestingly, unlike prior results in the literature [5, 19], at 100% load the 

normalized biodiesel test requires an advanced injection timing in comparison to the non-normalized case. 

Reviewing these earlier efforts finds that they: 

a) employ a higher compression ratio engine (21.2:1 for the Yanmar L100V compared to 17.1:1 

for the AVL 5402); 

b) the peak pressure for combustion happens sooner; 

¶ Yanmar L100V ignition occurs at 4-5 °CA ATDC with peak pressure at 10 °CA ATDC; 

¶ AVL 5402 ignition occurs 7.5-10 °CA ATDC and peak pressure at 12.5 °CA ATDC or later; 

c)  while the Yanmar L100V has been upgraded to a common rail electronic injection system, it 

operates at a respectively lower pressure of 45 MPa as opposed to 60-70 for the AVL 5402. 

Here, the set base calibration of the AVL 5402 engine was supplied by the engine manufacturer 

and not determined as per the maximum thermal efficiency as accomplished for the previous work [16]. 

Therefore, biodiesel fuel is injected in a relatively less favorable environment for atomization and 

vaporization. Furthermore, this is compounded by a respectively lower compression ratio that results in a 

reduced pressure and temperature seen by the fuel as it enters the cylinder. Given biodieselôs higher 

viscosity, lower volatility, and reduced energy content, it has a more difficult time achieving the 100% 

load setting, subsequently requiring an earlier and longer injection event. 
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Figure 64: Calculated Rate of Heat Release at (a) 0% Load, (b) 25% Load, (c) 50% Load, (d) 75% 

Load, and (e) 100% Load for AVL 5402 engine. 

Two dissimilar kinds of behavior are seen for the Rate of Heat Release (RHR): one for loads at or 

below 50% Figure 64a, b, and c), and one for above 50% (Figure 64d and e). Distinctively, below 50% 
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load, the normalized biodiesel encounters a higher peak RHR with apparently a shorter period of 

premixed energy liberation. As a result, the process indicates a strong proclivity towards constant volume 

combustion. Nonetheless, even with this seemingly more energetic and quicker heat release event, the in-

cylinder pressures do not exceed that of ULSD. Investigating Figure 63 demonstrates that, except for the 

100% load case, all normalized biodiesel injection events begin closer to TDC. Therefore, the fuel 

injection process is seeing a greater in-cylinder pressure and temperature initially; hence, this should 

result in a lower spray penetration length (compared to the non-normalized case) but a more spread-out 

fuel spray that vaporizes quicker. Furthermore, engine coolant temperatures were found to be slightly 

higher during the biodiesel tests since combustion happens sooner and there is more time for heat transfer 

(80.4 / 80.6 °C for WCO compared to 78.2 / 79.8 °C for ULSD; seen in 2nd Law analysis discussed later). 

Thus, this will additionally promote a slightly enhanced vaporization of the fuel. As a result, there appears 

to be a better mixing of fuel and air at the beginning of WCO biodieselôs fuel injection process. 

Combining this with its higher CN, more embedded oxygen (i.e., greater level of equivalence ratios in the 

flammability zone) and a greater adiabatic flame temperature results in a quicker and apparently more 

vigorous heat release. However, since significantly more biodiesel fuel must be added because of its 

reduced energy content, this grows the energy taken away from the working fluid via the latent heat of 

vaporization. As a result, the in-cylinder pressure and temperature (Figure 65) drops below that of ULSD 

even as combustion is beginning (Figure 62). Therefore, the biodiesel fuel added towards the end of the 

injection process sees slightly worse conditions while mixing and vaporizing less well (compounded by 

its greater viscosity), subsequently showing up as a less efficient diffusion burn (seen in Figure 64), and 

increasing fuel consumption. Overall, while initially biodiesel burns more effectively, this is not sufficient 

to overcome a growth in diffusion burn resulting in lower in-cylinder pressures and temperatures. This 

discussion will be revisited when presenting the second law heat release analysis for further clarification. 

After 50% load, the onset of diffusion burn behavior begins and there will be a reduction in 

efficiency proportional to the increase in pressure trace width. This is due to a combination of a larger 

fuel mass injected and a poorer mixing of biodiesel with the air inside the combustion chamber, which 
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leads to a greater amount of fuel that cannot be burnt during the premixed phase. Here, ULSD appears to 

remain largely pre-mixed because of its respectively lower viscosity and longer ignition delay resulting in 

an enhanced mixing process. As a result, the trend now switches with ULSD having a higher RHR and 

shorter combustion event. Some diffusion burn is seen with ULSD at 100% load, but the amount is 

significantly less than biodiesel. 
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Figure 65: Calculated In-Cylinder T emperatures at (a) 0% Load, (b) 25% Load, (c) 50% Load, (d) 

75% Load, and (e) 100% Load for AVL 5402 engine. 

In Figure 65, the global in-cylinder temperatures highlight that WCO biodiesel burns at a lower 

temperature than ULSD after combustion normalization for this engine. This trend of temperature largely 

follows that of pressure and its associated discussion since they are related through the ideal gas law. 

Interestingly, at 50% load, the normalized pressure for the WCO biodiesel process is less than the non-

normalized case; whereas, the temperature is slightly higher. In this case, it appears that the longer 

ignition delay (Figure 63) resulting from a later injection helps to prepare slightly more fuel for a 

premixed burn event that would have otherwise resulted in a diffusion burn. Hence, the peak RHR is 

similar along with the temperatures. This greater level of premixed burn from a longer ignition delay is 

also seen at 75% load when comparing the normalized and non-normalized cases. However, since the 

normalized case is burning later in the cycle with more diffusion burn required to hit the load condition, 

the global in-cylinder conditions are less a function of the more energetic premixed spike. Therefore, both 

the temperature and pressure of the normalized case fall below the non-normalized case. Finally, at 100% 

load, since the normalized case injects fuel before the non-normalized case, this ignition delay trend is 

reversed, and the peak normalized RHR is smaller. Overall, the significantly lengthened fuel injection 

process that adds the required amount of fuel at this load results in equivalent temperatures. 












































































































































































































































